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Abstract 
 
A hydronic radiant system is a type of the space thermal environment control system 
using a heated or cooled surface of building components such as floor, wall, and ceiling. The 
systems have been reported to have advantages in improving occupants‘ thermal comfort and 
reducing heating and cooling energy consumption. Although the system has advantages for the 
thermal comfort of occupants and energy saving potential, it also has drawbacks to be overcome. 
The most important disadvantages of the conventional radiant system are that it is hard to control 
the ventilation requirements and the system capacity for cooling operation decreases due to 
surface condensation in most humid climate conditions. Several incorporation models, which 
combine the hydronic radiant system and the forced all-air system, have been implemented into 
actual buildings and have been used to evaluate the system performance. However, there are no 
attempts to develop a new radiant system that controls the fresh air for the space without 
additional components such as heating and cooling coils.   
This study developed a new radiant system having a concentric tube heat exchanger in a 
radiant panel and evaluated the system characteristics. The concentric tube heat exchanger 
allows two fluids, air and water, to flow in the same direction. The outdoor air for the space 
ventilation requirement passes through an inner tube of the heat exchanger and exchanges heat 
with an outer water tube of the heat exchanger. The primary heat transfer medium, water, flows 
through the outer tube exchanging heat with the radiant panel and the air tube. At the outlets of 
the heat exchanger, both fluids have an identical temperature. The air is delivered into the space 
directly and the water returns into the plant side. The system configuration enables simultaneous 
satisfaction of the space thermal loads and ventilation loads without additional components for 
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conditioning the outdoor air. Moreover, the outdoor air can circulate through the air tube during 
the nighttime in the summer season to damp the heat sink source for daytime cooling loads. The 
flexibility of using the heat transfer medium, air or water, is recognized in the naming of the 
hybrid heat source radiant (HHSR) system. 
This conceptual idea has been evaluated by a numerical analysis model based on 
computational fluid dynamics (CFD). Comparing with the result of a typical hydronic radiant 
system and a hydronic radiant system incorporated with a convective forced-air system under 
steady state analysis with the same conditions, the proposed system can also provide an 
acceptable local thermal environment in terms of the vertical temperature difference, the floor 
surface temperature, and the percentage of discomfort due to draft.  
A transient energy simulation model of the proposed system is also developed for a 
whole building energy simulation program, EnergyPlus. Three different analysis models have 
been studied for the transient model to investigate the heat transfer characteristics of the 
concentric tube heat exchanger with a non-adiabatic outer shell condition. A modified 
effectiveness and number of transfer unit (ε-NTU) method, which considered the heat capacity 
properties of the radiant panel and the heat mediums, is selected and the semi-numerical analysis 
model is interpreted as a program module for the whole building energy and indoor thermal 
environment simulation program. The water outlet temperature and space mean air temperature 
of both models of the CFD and EnergyPlus are in agreement with each other in the acceptable 
tolerance under the given conditions. 
Finally, the case study is conducted to investigate the system capability and 
characteristics under 16 different climate conditions in the United States for two different 
building types, a medium size office and residential units. The building types and climate 
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conditions are based on the presentation of the Department of Energy in the U.S. for the 
standardized energy simulation models for commercial and residential buildings and the 
representative locations for 16 different climates. The hourly heating and cooling energy 
consumption and thermal environment condition for each building type in the 16 climate zones 
are predicted for three different radiant systems: a typical hydronic radiant system, an outdoor air 
control system incorporated with the typical radiant system, and the HHSR system.  
From the annual energy consumption simulation, it was shown that the system 
performance of the HHSR system allows the system to be considered as a viable HVAC system 
compared with the conventional radiant system types for the office building type. The HHSR 
system provides acceptable indoor thermal comfort indices in terms of Predicted Mean Vote 
(PMV) and has energy saving potential for heating and cooling operating in the most locations. 
The configuration of the proposed system also effectively prevents system interruption due to 
surface condensation during cooling periods in humid climates. In addition, the system expected 
an additional day time cooling energy saving, when passive cooling using outdoor air ventilation 
is applied in the night time. 
Comparing the case of residential units, the results are different from those of the office 
building case. Although the HHSR system can provide similar indoor thermal conditions to other 
conventional radiant systems, the heating and cooling energy saving potential depends on the 
climate condition. By the internal heat gain condition of the residential units, the proposed 
system does not expect as substantial energy saving benefits as the office building in a particular 
climate condition. 
This study also found that some limitations should be considered when the proposed 
system is implemented and operated in buildings. For the HHSR system, the ventilation air 
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temperature depends on the water outlet temperature, so the water flow rate control scheme 
impacts the air temperature. Therefore the overall system performance might be changed by the 
water flow rate logic. Another important consideration is water condensation in the air tube. 
Although the proposed system can prevent surface condensation on the radiant panel, the water 
condensation is predicted in the air tube in most humid locations. Internal condensation should 
be carefully controlled for to assure the hygiene of ventilation air. 
Future works that should be done based on this study include the experimental validation 
of the proposed system, the development of a practical tube connection and split methods 
between the fluids (air and water) supply/delivery side and the concentric tube heat exchanger, 
and a lifecycle assessment (LCA) of the HHSR system from the manufacturing stage to the 
demolition stage. 
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Chapter 1. Introduction 
 
The U.S. Department of Energy reports that over 40% of U.S. primary energy was 
consumed by the building sector, the largest category and higher than the industrial and 
transpiration sector in 2008. In addition, over 34% of total energy consumption in the building 
sector was used for space heating and cooling (DOE, 2008). Therefore, numerous researchers, 
architects, and engineers have attempted to develop a more energy efficient heating, ventilating 
and air conditioning (HVAC) system. Radiant systems have been reported to have advantages in 
improving occupants‘ thermal comfort, how human beings perceive their thermal surroundings 
or whether they are hot, cold, or satisfied with their thermal state, and reducing heating and 
cooling energy consumption (Olesen B. , 2002). Radiant systems were also the main focus of 
International Energy Agency (IEA) ECBCS Annex 37: low Exergy systems for heating and 
cooling buildings (Ala-Juusela & Rautakivi, 2003). Although the system has advantages for the 
thermal comfort of occupants and energy saving potential, it has also drawbacks to be overcome. 
The purpose of this study is to design a new radiant system that can satisfy the ventilation 
requirement and space thermal load simultaneously and verify the system performance by 
comparing a conventional hydronic radiant system, a convective forced air system integrated 
with a hydronic radiant system, and the new system through the use of dynamic simulations. 
According to the definition stated by the American Society of Heating, Refrigeration, and 
Air-Conditioning Engineers (ASHRAE), radiant panel systems use controlled temperature 
surfaces such as floor, walls or ceiling to maintain thermally comfortable conditions within 
spaces. These surface temperatures are maintained by circulating heat transfer media like water, 
air or using electric resistance (ASHRAE, 2000). Figure 1.1 illustrates the schematic diagram of 
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a typical hydronic radiant system. This system is composed of a radiant panel that consists of a 
floor, wall or ceiling which has pipe or duct to circulate heat transfer medium, plant equipment to 
produce hot or chilled water, a circulating device such as a pump or fan to send the heat transfer 
medium from the plant equipment to the radiant panel and sensors/controllers to regulate the 
system. 
 
                  
Figure 1.1 Schematic diagram of a typical hydronic radiant system (Tech, 2010) 
 
Heating systems using large surface with surface temperatures close to room temperature 
are not a new technique. The so-called ‗Hypocaust‘ system was already used by the Romans 
2000 years ago to heat thermal baths and houses by circulating hot gas in the air chamber of 
walls and floors(De Carli & Olesen, 2002). The hot gases circulated within these building 
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elements werethe combustion products coming from an external furnace as illustrated in Figure 
1.2. This heating style had also been used as the traditional heating system in ancient Korea since 
around 100 B.C. and was known as the ‗Ondol‘ system. People have felt that a room surrounded 
by low temperature heated surfaces is more comfortable than one with a fireplace, which 
provides thermal non-uniformity and high levels of air movement.  
In the 1930s, architect Frank Lloyd Wright applied a modern floor radiant heating system 
to his Usonian houses in the United States. Hot water flowed in steel pipe to provide heat 
distribution. Before plastic pipe was introduced toward the end of the 1970s, hydronic radiant 
system had a bad reputation not only because it needed very high surface temperature due to 
poor insulation and air tightness, but also because steel or copper pipes were hard to maintain 
when they had problems. Now, polyethylene cross link (PEX) pipe is widely used as the water 
channel with much greater success (Olesen B. , 2002). 
 
 
Figure 1.2 Roman hypocaust system (Florides, Tassou, Kalogirou, & Wrobel, 2002) 
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Even though radiant system can be categorized by the heat transfer media types (water, 
air and electronic heating cable), the building components used as the radiant panel (floor, wall, 
and ceiling), and the layout of the tube or pipe for the heat transfer media of the panel (ASHRAE, 
2000), hydronic radiant systems with water pipes embedded in a concrete panel as shown in 
Figure 1.3 is the primary focus of this study.  
Many researchers have investigated the system performance of radiant heating and/or 
cooling systems. Radiant systems have been reported within the literature to have advantages in 
thermal comfort, indoor air quality (IAQ), space design, and energy efficiency. Systems are 
classified as a radiant system when at least 50% of the heat transfer to the space is via radiation 
(ASHRAE, 2000). This allows the system to reach the same level of operative temperature (OT), 
which is generally expressed as the combined influence of air and mean radiant temperature 
(MRT) or approximately the average of these two values, at a lower air temperature, but can 
provide more uniform temperature conditions from floor to ceiling, compared to an all-air 
convective heating system.  
This heat exchange characteristic reduces air movement at the heat emitter so draft, 
which is another factor that may cause discomfort for occupants in a space with a conventional 
forced air system, will typically not be an issue. Heat exchange by radiation can also improve 
indoor air quality of the space. By minimizing air movement in space, radiant systems reduce the 
transportation of dust compared to all-air systems. The system can also reduce or eliminate the 
presence of wet surface cooling coils, which are necessary in conventional forced air systems, 
from the occupied space, reducing the potential for septic contamination. 
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(a) Coils in a slab-on-grade floor 
 
(b) Suspended floor piping  
 
(c) Thin slab on subfloor 
Figure 1.3 Hydronic radiant systems with thermal mass 
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The radiant system, moreover, can enhance the flexibility of space design. It can be 
integrated with building components like floors, walls and ceilings, significantly reducing the 
space required for mechanical equipment and ducts. This feature is especially valuable in 
hospital patient rooms and other applications where space is at a premium and where maximum 
cleanliness is essential as dictated by legal requirements (ASHRAE, 2000).  
Additionally, the heat transfer medium and its operating temperature can make the 
radiant system a more energy efficient space conditioning system. Radiant systems can be 
operated at a lower fluid temperature during heating season than other traditional forced-air 
systems. For instance, fan-coil unit systems need water temperatures as high as 45C, whereas 
radiant systems can control the space thermal load with a water inlet temperature as low as 35C 
(Tsiligris, 1991). Water, which is the widely used heat transfer media for radiant systems, can 
hold more than 3,400 times as much energy per unit volume as air, so radiant systems can reduce 
the distribution losses and the heat losses caused by the stratification which develops in 
convective all-air systems in high ceiling height spaces. According to Olesen‘s research, a low 
temperature radiant heating system is beneficial with respect to distribution losses and plant 
efficiency. Beside the major advantages as mentioned above, it also has several other benefits 
such as reducing noise, increasing flexibility to meet changes in load profiles through modular 
radiant panels, and simplifying maintenance and operation(Olesen, Mortensen, Thorshauge, & 
Berg-Munch, 1980). 
While it has many advantages compared to all-air convective HVAC systems, radiant 
systems are not an ideal heating and cooling system. These systems have several potential 
problems that need to be addressed including response time, conditioning of outside air 
ventilation, and the possibility of condensation on the system.  
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The tubing through which conditioned water is circulated in most hydronic radiant floor 
systems is embedded into a material layer such as high thermal mass concrete. A high thermal 
mass building material has a time lag effect, so it takes longer time than a convective system to 
respond to the thermal loads and achieve the desired space condition. This effect makes it more 
difficult to achieve precise control of these systems.  
Conventional radiant systems using water as the heating or cooling media do not directly 
condition the required outside air for indoor air quality (IAQ) purpose.  This means that the 
system needs to be integrated with a conventional forced air system to provide conditioned fresh 
air and thus maintain IAQ within the space.   
Another obstacle to the use of a radiant system is the condensation issue. The surface 
temperature of a radiant system in cooling season is frequently lower than the dew-point 
temperature of the room because the system can only control the sensible cooling load and not 
the latent load of the room and outside air. For this reason, the supply water temperature must be 
rigorously limited, resulting in a cooling capacity that tends to be approximately half of heating 
capacity. To account for these drawbacks of a radiant system, many researchers and engineers 
have presented operation strategies that combine radiant systems with conventional all-air 
systems.  
This dissertation investigates previous works in the area of radiant systems to develop a 
new type of radiant system that improves the system performance and reduces or eliminates the 
disadvantages of the conventional radiant system. The proposed radiant system has a concentric 
tube heat exchanger that is embedded into a radiant panel with thermal mass. Two heat transfer 
media, water for the space sensible load control and air for the ventilation requirement load, 
exchange heat with each other and the thermal mass of the concrete in which the concentric tubes 
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are embedded.  The guidelines of conventional radiant system design and heat exchanger theory 
will be studied to analyze this concept for a new radiant system.  The occupants‘ thermal comfort 
and ventilation requirement for acceptable indoor air quality (IAQ) will also be considered. 
Once the conceptual development of this new type of radiant system has been presented, 
the system performance for typical heating and cooling design conditions will be compared 
through the use of computational fluid dynamics (CFD) which is a numerical analysis based on 
the finite volume method (FVM) against other conventional radiant systems which have been 
implemented widely in buildings as shown in the literature.  Although CFD analysis has the 
advantage of investigating a simple space under specific load and building geometry conditions 
in detail, it is not a feasible tool for determining the energy consumption or indoor thermal 
environment of a space or a full building under various conditions such as changing occupancy 
type, climatic conditions, and construction type. Furthermore, it is not a practical tool for 
modeling transient conditions over an entire day, month, or year. Therefore, it is necessary to 
develop a new model for a whole building annual energy simulation program to evaluate the 
dynamic system performance in relation to a building.  
To construct a model for the proposed system within an energy simulation program, it is 
necessary to first analyze the heat transfer characteristics of the new concept within this system: 
the concentric tube heat exchanger with air circulating through the inner tube and water through 
the outer tube. There are two numerical models for heat transfer analysis of a concentric tube 
heat exchanger: the effectiveness-NTU method and the log mean temperature difference (LMTD) 
method. Both models can analyze the heat transfer characteristics of the concentric tube heat 
exchanger under the specific condition that the outer tube surface is perfectly insulated (adiabatic) 
and heat is exchanged only between the two fluids in inner and outer tube (Incropera & DeWitt, 
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2002). This is not the case in the system that is proposed in this dissertation since the outer tube 
of the heat exchanger is not under adiabatic conditions. Instead, it is in contact with the material 
in the radiant panel that is conducting heat to or away from the tubes. As a result, the classical 
effectiveness-NTU and LMTD models are not able to be directly utilized for the proposed 
radiant system. A modified heat exchanger analysis model will be introduced to consider not 
only the energy exchange between the inner and outer tube, but also the heat exchange between 
the outer tube and the radiant panel. The modified heat exchanger analysis will form the basis for 
a new energy simulation model, which will be implemented into the whole building energy 
simulation program, EnergyPlus. Incorporation of this new model into EnergyPlus will provide 
access to the detailed building simulation environment of the program and its models for heating, 
cooling, lighting, ventilating, and other energy flows as well as water in buildings. To validate 
the developed model and the energy simulation tool, the EnergyPlus-based building energy 
simulation model will be presented and its performance will be compared under identical steady 
state conditions to the results of the detailed CFD numerical model.  
The main purpose of the energy simulation tool is to investigate how the developed 
system responds to building thermal loads under different building circumstances, to determine 
whether the proposed system has any thermal advantages over the conventional radiant or forced 
all-air convective systems, and to establish what limitations the proposed system has if it is to be 
implemented into buildings from the perspective of building energy consumption and occupants‘ 
thermal comfort. Sixteen different climate conditions in the United States, two building 
occupancy types, and three different radiant systems will form the basis for the energy and 
thermal comfort comparisons between the proposed system and the conventional radiant systems. 
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The thermal performance of all the cases will be assessed for both heating/cooling design days as 
well as annual energy calculations. 
In summary, radiant systems are a viable HVAC solution to improve occupants‘ thermal 
comfort and reduce energy consumption of buildings. It is important to overcome the drawbacks 
of the conventional radiant system in order for the systems to be utilized more frequently. The 
new type of radiant system presented in this dissertation seeks to overcome these drawbacks 
while improving the performance of the radiant system further. 
This study begins with a review of the most recent research on radiant system 
applications and their operation through a literature review in Chapter 2. Chapter 3 will focus on 
the shortcomings that need to be improved in a typical radiant systems and how the new radiant 
system proposed in this dissertation will address these shortcomings. In addition, the 
hypothetical system performance of the proposed system will also be addressed. The energy 
performance of the proposed system and conventional systems under specified heating and 
cooling design day conditions will be compared to each other using CFD numerical analysis 
Chapter 4. Then, Chapter 5 will present the new model for a concentric tube heat exchanger 
under non-adiabatic conditions at the outer tube surface and show how it is implemented in an 
annual building energy simulation model. The model will be implemented into the building 
energy simulation program EnergyPlus, and the results from the whole building energy 
simulation model will be compared to the results for the CFD model under steady state 
conditions. Chapter 6 will analyze the implementation of the new radiant system model in the 
program to find the implementation potential for the new radiant system for various climate 
conditions and building types. This potential will be established by the comparison of the energy 
performance and indoor thermal condition of the proposed system to conventional radiant 
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systems. This dissertation will show that the proposed system will resolved the shortcomings of 
conventional systems while producing better energy performance than the conventional radiant 
systems.  It will conclude with a summary of the findings of this study and a look at future 
potential work that can advance the science of implementing high performing radiant systems in 
buildings. 
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Chapter 2. Literature Review 
 
This dissertation focuses on the improvement of current technology radiant systems 
through the incorporation of both a water and air loop into a slab floor.  While this concept is 
new and thus no established literature exists on this to review, it is still important to understand 
what information exists in the literature for conventional radiant systems and also what 
information exists separately on some of the improvements that this new system type will 
implement. 
A large amount of theoretical and experimental work has been done over decades 
to characterize not only the system performance of radiant heating and cooling systems, but also 
to account for the occupant's thermal sensation and the indoor air quality (IAQ) in both 
residential and office spaces. Beside various research about radiant systems as the main HVAC 
system, many researchers have investigated integrating the operation of a radiant system with 
conventional all air system, sometimes referred to as a hybrid radiant or load-sharing system, 
to take full advantage of each system.  
In terms of a heat source or sink, many researchers have investigated that outside air, 
which is often lower than the desired room temperature at night during the summer, can be an 
effective cooling source when it is coupled with a large interior thermal mass such as a concrete 
floor or other building components. If a radiant system could be switched from using water to 
using outside air as the heat transfer medium, the radiant system can be an effective passive 
cooling system. A ventilated slab system is a system that has both typical radiant and convective 
elements and uses outside air as the heat transfer medium, but it currently cannot switch between 
air and water.  
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Moreover, researchers have shown that hydronic radiant systems can significantly reduce 
HVAC energy consumption when it is integrated with more passive type systems such as linking 
the hydronic radiant system directly to a cooling tower rather than a chilled water loop. In this 
system, the water returns from the cooling tower at temperature close to the wet bulb temperature 
of outside air in cooling season.  
In this chapter, a literature review of previous work will be limited to the most recent 
research on traditional radiant systems, hybrid radiant systems, passive cooling strategies that use 
the thermal mass of the building components, and a condenser-linked radiant system.  This 
information will serve as a starting point for the discussion of the new system type presented in 
this dissertation as it points out both the strengths of the previous studies and the weaknesses of 
conventional radiant systems. 
2.1 Hydronic radiant system 
 
The application of radiant floor heating system for residential buildings has increased 
significantly in recent years.  Between 30% and 50% of all new residential buildings have radiant 
heating system in Germany, Austria, and Denmark. Approximately 90% of residences are using 
radiant floor heating systems in Korea (Olesen B. , 2002). The system performance of radiant 
systems and the occupants‘ thermal comfort level produced by these systems has been widely 
investigated by many researchers.  
Lebrun and Marret presented temperature measurements from a test room for four types 
of heating systems including two different radiant systems. Their study indicated that radiant 
floor heating and a large wall radiant panel heater under window result in a fairly uniform 
vertical air temperature distribution, which reduces occurrences of draft due that would result 
when temperature differences are present. The conventional forced air systems had a larger 
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temperature differences under the same heating load condition (50W/m
2
) (Lebrun & Marret, 
1979).  
Inard, et al developed a numerical model for six different types of residential heating 
systems. The authors evaluated the model for energy consumption and thermal comfort indices 
such as PMV and PPD and concluded that the radiant floor panel heating system provides the 
best performance for energy consumption and thermal comfort when compared to the other 
system types for various wall insulation levels (Inard, Meslew, & Depecker, 1998). 
Compared to an all-air heating system, a radiant system can reach the same of operative 
temperature at a lower space air temperature. The operative temperature is usually approximated 
as the average of the space mean air temperature and the average radiant temperature (mean 
radiant temperature or MRT) and is considered to be a better indicator of the comfort level in a 
space than the air temperature alone. According to Olesen‘s article (2002), radiant heating 
systems are practical for building types that require high ventilation rates because the air 
temperatures required to achieve the same operative temperature under heating conditions is 
lower in a radiant heating system than in an all-air system. Since the ventilation heating loss is 
directly governed by the temperature difference between the space temperature and the outdoor 
air temperature, the radiant heating system should be more efficient because it has a small 
temperature difference. The author also points out that radiant heating system is beneficial from 
the standpoint of heat distribution losses and efficiency of the heating plant. Using a 
comparatively low temperature heat transfer media, modern condensing boilers can have the 
highest efficiency with radiant system. The fluid temperature condition also boosts the system 
efficiency of renewable and sustainable plant equipments such as a ground heat source heat 
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pump and solar collector, when the radiant system is coupled to such equipment (Olesen B. , 
2002). 
With regards to the system performance of a radiant system coupled with a solar 
collector, Tsiligiris, et al. presents a heat transfer model for radiant panels that can be used to do 
building energy simulation on an hourly basis to evaluate the performance of radiant systems in 
conjunction with solar energy collectors for the purpose of space heating. The author points out 
that the combination of radiant panels with a solar system can, in general, improve the 
performance of the solar system by15–30% due to the lower fluid temperature circulating inside 
the collectors (Tsiligiris, 1991). 
Haddad, Purdy and Louadi compared the energy performance of a fan coil unit and a 
radiant floor heating system that both used the same area of the solar collector as the source of 
heat for a residential house in Ottawa, Canada. For a low infiltration and high insulation case, the 
solar collector of the radiant system met about 33% of total heating input, whereas the solar 
system for the forced-air system could only handle approximately 28% of the heating demand. 
When the conditions were changed to high infiltration and low insulation, the radiant and forced-
air systems linked to the solar collector were able to meet approximately 20% and 16% of total 
heating demand, respectively (Haddad, Purdy, & Laoudi, 2007). 
In the middle of the 1990s, researchers and engineers studied radiant cooling floor 
systems (Olesen B. , 1997)and the so-called ―active thermal slab‖ that had been implemented 
into several multistory buildings (Olesen B. , 2000). Tian and Love conducted a field study of 
occupants‘ thermal comfort and the thermal environments created by a radiant slab cooling 
system. The authors combined field measurements and questionnaires from 82 participants and 
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concluded that the radiant cooling system can reduce local thermal discomfort because it reduces 
the vertical air temperature difference and the draft rate (Tian & Love, 2008). 
Research conducted at Lawrence Berkeley National Laboratory suggests that, on average, 
radiant panel cooling might save 30% of overall cooling energy for applications across a range of 
representative climates in North America (Stetiu, 1999). These predicted savings, when 
compared to conventional all-air VAV systems, result mainly from reductions in the energy used 
to remove sensible heat from the conditioned spaces. The same research also indicated that the 
potential energy savings over a VAV system would range from approximately 17% in cool, 
humid regions to 42% in hot, arid regions. This range reflects both the relatively larger latent 
load in humid regions, which requires the same dehumidification in both systems, and the 
smaller sensible load in cool regions. The sensible cooling that can be addressed by the radiant 
system is smallest relative to the total cooling load in a cool but humid region where much of the 
load is latent and thus the percentage of savings is lower. Conversely, hot, dry climates where 
most of the cooling load is sensible have the greatest potential for saving with radiant systems 
(Moore, Bauman, & Huizenga, 2004). 
Although the radiant system has been shown to improve thermal environment while 
reducing the energy saving consumption compared to a convective forced air system during 
heating mode, the radiant cooling system has the potential risk of surface condensation. 
Condensation will occur in a radiant system when the surface temperature drops below the dew-
point temperature of the space air. As a result, the supply water temperature is often governed by 
the space dew-point temperature and condensation concerns. The need to avoid condensation 
generally leads to a decrease in the cooling capacity. When the radiant system is used space 
heating and cooling system, the cooling capacity is often approximately half of the heating 
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capacity (Olesen B. W., 2008). This means that the radiant heating and cooling system might not 
satisfy the temperature conditions and thermal comfort goals in both operation modes, and this 
often points to a need for an additional HVAC system for certain cases like a hot and humid 
climate and/or a high occupancy density in the building. 
From these studies on hydronic radiant systems, it can be concluded that the typical low 
temperature floor based radiant system is hampered during cooling operation due to the 
decreased cooling capacity to avoid condensing on the system surface. On the other hand, it does 
improve the indoor thermal conditions and has energy saving potential during heating operation. 
2.2 Hybrid radiant system 
 
As mentioned in previous section, hydronic radiant systems are not ideal HVAC systems 
due to the reduced cooling capacity and the limitation of only being able to control sensible load. 
Moreover, some researchers have pointed out that conventional radiant systems need to be 
incorporated in conjunction with a convective forced air system to meet established ventilation 
requirements, handle the latent load for a building, and improve indoor thermal environment. 
According to McDonell‘s article in 2008, radiant heating and cooling systems alone 
cannot serve as a perfect space conditioning system because there are three human comfort 
parameters: radiation comfort (40% to 50% of the human comfort equation), air movement (30% 
of the human comfort equation) and indoor air humidity (10% to 15% of the human comfort 
equation). Therefore, the radiant system must be integrated with a complementary conventional 
ventilation systems, displacement ventilation system, or under-floor air conditioning system to 
improve occupant‘s thermal comfort and minimize the possibility of condensation (radiant 
cooling systems only). Additionally, the author presented some practical data for the radiant 
heating and cooling capacity and concluded that the radiant cooling system can be designed to 
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work in nearly all applications and most climate zone without fear of condensation when 
combined with a conventional air system that deals with outdoor air requirements (McDonell, 
2008). 
Many researchers have tried to decouple the outside air load for ventilation requirement 
from space conditioning to avoid oversized HVAC system(Kilkis, Ibrahim, Suntur, & Sapci, 
1995)(Conroy & Mumma, 2001)(Khattar & Brandemuehl, 2002). According to the accepted 
definition of this type of load-sharing or hybrid system, a radiant system is combined with a 
conventional forced air system to provide the conditioning needs of the space. In this case, the 
radiant system takes over most or all of the space sensible cooling while it the air system controls 
the latent load and outdoor air requirements. 
One convective forced air system designed to control the ventilation requirement is the 
dedicated outdoor air system (DOAS). It is 100% outdoor air constant volume system designed 
to deliver the volumetric flow rate of ventilation air to each conditioned space in the building. 
Mumma, et al., developed the system concept and implemented into buildings since late of 
1980‘s (Mumma & Lee, 1998). 
Chae and Strand developed a DOAS module for the whole building energy simulation 
program, EnergyPlus. The module was designed to allow the user the flexibility to compose 
individual components for a DOAS unit and to utilize various heating coils, cooling coils, heat 
recovery components, and dehumidification system. It also has the capability of being 
incorporated in support with other HVAC system that might be serving to meet the thermal loads 
of a space like the typical hydronic radiant system (Chae & Strand, 2010). While this model 
exists and is available in EnergyPlus, to date there has not been any reports in the literature 
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regarding the annual energy performance of and thermal environment created by this 
combination of a typical radiant system combined with DOAS. 
Mumma et al. proposed and evaluated DOASs in conjunction with a cooling radiant 
ceiling panel (CRCP) system. This system combined an outside air control system and metal 
CRCP as shown in Figure 2.1. According to steady simulation results comparing this 
combination system with a conventional VAV system, the DOAS with CRCP system can reduce 
the annual total chiller energy consumption by 25%. Although it has remarkable potential as an 
energy conserving alternative, it requires at least eight different components to make the system 
work properly. This increases the initial cost and makes system control and maintenance more 
difficult. In addition, the cooling or heating demand might not be offset using potentially less 
expensive off-peak energy because the CRCP is composed of a metal panel so that the system 
has little to no thermal mass effect (Jeong, Mumma, & Bahnfleth, 2003). 
 
 
Figure 2.1 Diagrams of DOAS with Cooling Radiant Ceiling Panel (Mumma, 2006) 
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Kilkis developed an analytical model for a hybrid heating and cooling terminal unit 
composed of a perforated metal deck and raised floor air chamber as shown in Figure 2.2. 
Outside air or room return air passes through the plenum space of the raised floor and diffuses 
through the perforated holes of the metal deck. The deck acts as a typical radiant system but its 
convective heat transfer is enhanced by air passing through the perforated holes. Based on this 
system design, the author suggested the optimal design parameters for this system for the 
renovation of an old library building. Although this seems like an effective method to improve 
the capacity of an existing HVAC system for an historic building, the author also claimed that 
the system has several challenges such as concerns about condensation which require surface 
temperature control of the metal deck, mold-growth in the porous carpet, chemical and dust 
effect of the carpet, air flow direction, and handling water from condensation in the air plenum 
(Kilkis B. , 2002). 
 
Figure 2.2 Cross sectional view of a raised radiant floor (Kilkis, 2002) 
The benefits of the radiant system in conjunction with a forced-air system have been 
evaluated by several field measurement studies. Baskin tested the heating and cooling energy 
performance of a residential house with both a radiant and a convective air system. The pre-
cooling operation of the radiant slab was effective in reducing the cooling demand and shifting it 
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from the on-peak time to early morning (off-peak). When the radiant slab was pre-cooled with 
the night ventilation operation of the convective air system, the energy demand of the daytime 
shifted to the nighttime (Baskin, 2005). This strategy is helpful in locations where the local 
power company supplies electrical power at a reduced rate during off-peak/nighttime periods. 
Scheatzle monitored a residential building with a radiant system and heat recovery unit with 
dehumidifier for four years in a hot and arid climate as shown in Figure 2.3. According to the 
author‘s findings, the thermally massive radiant heating and cooling system combined with a 
convective dehumidification/ventilation can be an effective system option for a residential 
building(Scheatzle, 2006).  
Based on previous work, the performance of a radiant system can be enhanced when it is 
integrated with a convective forced air system for outside air control. However, it requires 
additional work to control the two different system types and additional space for the air 
handling unit. Furthermore, its inherent complexity makes it more difficult to design and size the 
HVAC system when the two systems use different heat transfer media. 
 
Figure 2.3 Radiant heating and cooling system in conjunction with dedicated outdoor air 
system (Scheatzle, 2006) 
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2.3 Ventilated slab system 
As illustrated in the previous sections, radiant systems have an advantage over other 
system types in that they provide two modes of heat transfer to a space: radiant heat exchange to 
the people and surfaces in the space and convective heat transfer to the air in the space.  
Although the heat capacity of air is not nearly as much as water, air can be viable heat transfer 
medium, particularly when the air is supplied to a space as in a conventional all-air system. If, 
however, dehumidified or conditioned outdoor air is circulated through a slab as is done with 
water in a radiant system and then supplied into a space, the system can have both a radiant and 
convective impact on the space. 
The use of air as a heat transfer medium for a radiant panel that has cavities to circulate 
air through its core as shown in Figure 2.4 has been studied since the late 1970s.  A hollow core 
ventilated slab has a similar configuration to radiant systems, but it uses air as the heat transfer 
medium and can supply this air to a room.  During the summer, outside air is used to lower the 
temperature of slab at night, so that the slab can absorb heat from room during the daytime. 
Thus, it can be used as passive cooling systems to reduce or offset the on-peak load for cooling.  
Many studies including those by Rudd, Synder, and Braun have showed that building 
components such as floors, ceilings, and walls can be utilized as thermal storage elements and 
that this approach is effective in damping peak cooling loads with nighttime outdoor air(Ruud, 
Mitchell, & Klein, 1990)(Snyder & Newell, 1990)(Braun, 1990). 
The slab can be used to store heat supplied from off-peak tariff heating to be released 
during peak periods in winter.  The first system was used in the late 1970s in Sweden, and it 
utilized hollow cores within pre-cast concrete floor slabs (Winwood, Benstead, & Edwards, 
1997). Shaw, et al., reported that the active use of the thermal properties of the mass within the 
23 
 
ventilated slab not only saved energy through reducing fan and plant power during peak hours, 
but it also had a thermal comfort advantage because of the large proportion of radiative heat 
transfer between the occupant and the space(Shaw, K.W., & Willis, 1994). 
The government of the United Kingdom investigated the energy consumption and 
occupants‘ thermal comfort of a building in 1998. The hollow core ventilated slab system was 
implemented into the building, and it is operated using the passive cooling technique of night 
ventilation. According the results of the report, the energy consumption of the building was cut 
in half for this type of conventional facility for a University in Norwich, U.K. Although the 
building has several energy saving techniques such as low U-value exterior walls, day lighting 
control, and heat recovery, the ventilated slab system using hollow cores was shown to play a 
key role in improving the energy efficiency and thermal comfort of the building (BRE, 1998). 
 
 
Figure 2.4 Thermodeck, one of the ventilated slab systems, configuration (Barton, 2002) 
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Other studies have developed numerical models to simulate the thermal response and 
estimate the energy performance of hollow core slab systems under particular conditions. 
Zmeureanu and Fazio developed a mathematical model for this system type and presented a case 
study for a single zone office in Montreal, Canada. The model incorporates an implicit finite 
difference method with hourly time steps and includes a Predicted Mean Vote (PMV) estimation 
based on the Fanger thermal comfort model.  The authors concluded that the system both 
reduced the daily total cooling load by over 35% and also resulted in a PMV that was more 
acceptable under standard cooling conditions when compared to a conventional all-air system in 
their particular study (Zmeureanu & Fazio, 1988).  
Russell and Surendran investigated the system performance through a two-dimensional 
(2-D) finite difference model. In this study, when air at 16.9
o
C was assumed to be continuously 
circulated through three cores for 14 hours, the cooling potential of the system increased by 
335%in comparison to a traditional slab configuration with night ventilation. However, this study 
does not consider the fan energy for air circulation during the night ventilation (Russell & 
Surendran, 2001). 
Corgnati and Kindinis proposed a numerical model of the slab system based on a finite 
difference model. The slab is similar to a heat exchanger in this model. The authors implemented 
their model within a simulation tool to investigate the performance of the free cooling potential 
and indoor thermal conditions in an office. Comparing a traditional ventilation system with the 
night ventilation scheme, the hollow core ventilation system offered a more acceptable indoor 
temperature during the cooling period under various internal heat gains for a Mediterranean 
climate (Corgnati & Kindinis, 2007). 
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According to recent research on the ventilated slab system, the use of the thermal mass in 
the building component such a hollow core slab is a feasible way of achieving lower energy 
consumption during cooling periods. It is also a type of hybrid radiant system that can control the 
ventilation requirement and space sensible load simultaneously. However, it requires a high 
volumetric flow rate of air to accomplish an appropriate system performance due to the low heat 
capacity of air. This often results in the need for an auxiliary air fan, which leads to an increase 
in the fan power rate to meet the heating/cooling demands. 
 
2.4 Passive cooling in hydronic radiant system 
For typical embedded hydronic radiant systems, passive cooling operation might not be 
easy because of the closed water loop even though the system utilizes the thermal mass as a 
radiant system. Strand presented a case study of a radiant system that was coupled with a cooling 
tower to achieve supply water temperatures that came close to the wet-bulb temperature of the 
outside air. The system was compared to a conventional forced air system that operated 
independently or simultaneously in four different weather conditions in the U.S. The simulation 
results showed that the system was able to significantly reduce the cooling load of the simple 
residential building. In some weather conditions, using passive cooling with the radiant system 
was sufficient to provide all of the cooling needed without the need for a forced air system 
(Strand R. K., 2003).  
In a similar study, Moore presented a water-side free cooling (WSFC) configuration. 
According to his article, the simulation results of a hydronic radiant cooling and heating system 
coupled with an evaporative cooling water source and dedicated outdoor air system (DOAS) 
reduced the total cooling energy by over 62% when compared with a VAV system as illustrated 
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in Figure 2.5 (Moore, 2008). It is important to note that this research was based on the simulation 
for a single site, Denver, CO., so further case studies for various climates and building conditions 
are necessary to show that this is a trend rather than an anomaly. 
 
Figure 2.5 End-use energy consumptions from May to September in Denver, Co. 
  (Moore, 2008) 
 
2.5 Summary of literature review 
The previous studies on radiant systems have pointed out energy efficiency advantages 
for these systems as well as the lack of ability of these systems to meet ventilation requirements 
for acceptable indoor air quality. Currently, there is no simple radiant system that both has the 
benefits of the traditional radiant system and addresses the potential shortcomings of these 
systems. If a system based on a hydronic radiant system that is also able to condition outside air 
without additional equipments and can utilize outside air during the nighttime as heat storage 
element to reduce the daytime cooling demand, it has the potential to be an effective strategy for 
reducing energy consumption and initial cost. Such a system is the focus of this dissertation and 
will be outlined in the next section.  
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Chapter 3. Development of the Hybrid Heat Source Radiant System 
 
In this chapter, the system characteristics of traditional hydronic radiant system are 
briefly discussed to suggest an alternative to enhance the system performance and to overcome 
the drawbacks that have been pointed out in the literature. This chapter proposes a new type of 
radiant system and discusses its potential capabilities.  
 
3.1 System characteristics of the traditional radiant system 
A typical hydronic radiant system has a straightforward configuration. It has a water tube 
that is embedded into a material layer of a building element construction and the tube is 
connected to central plant equipment such as a boiler, hot water heater, heat pump, or chiller as 
illustrated in Figure 3.1.  
It has been reported that radiant systems can improve occupants‘ thermal comfort, reduce 
the energy consumption due to heating and cooling, and simplify system maintenance. It can also 
enhance the space efficiency of the building by reducing duct and mechanical space that is 
generally required for all-air convective forced air systems.  
However, it has several obstacles that prevent it from being widely used as a space 
conditioning system for many buildings. The main drawback of conventional radiant systems is 
that it has only a closed water loop. Therefore, it is not able to meet the ventilation requirement, 
which also has an impact on the space latent load. When unconditioned outdoor air is brought in 
during cooling operation for a building in which a radiant cooling system has been implemented, 
the system will have to frequently shutdown or increase the water temperature to avoid 
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condensation on the surface of the system during cooling operation. Both of these strategies to 
avoid condensation will cause a significant decline in the cooling capacity of the system.  
 
 
 
Figure 3.1 System configuration of a typical hydronic radiant system. 
 
Another key problem caused by the radiant floor systems, which generally consist of 
concrete, is their high level of thermal mass. A high thermal mass building material such as 
concrete has a time lag effect, so it takes longer time than a convective system to respond the 
thermal loads and achieve the desired space condition. In addition, it can be more difficult to 
control than an all-air system. Several alternative radiant systems that have worked in 
conjunction with convective forced air systems have been developed to overcome some of the 
drawbacks of a typical radiant system. The next section proposes a new type of radiant system 
that improves upon those combined systems without resorting to their level of complexity. 
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3.2 Conceptual background of the hybrid heat source radiant system 
Despite various theoretical and experimental studies on radiant systems and integrated 
systems that work in conjunction with a conventional forced air system or an evaporative cooling 
tower as described in the previous chapter, there has not been any work on the development of a 
multi-heat source, water and air, radiant system to reduce energy consumption while responding 
to various indoor and outdoor conditions and providing fresh air in order to meet indoor air 
quality requirements. This dissertation is focused on the development and evaluation of a novel 
radiant system to overcome the drawbacks of conventional hydronic radiant systems illustrated 
in the literature. The objectives of the new radiant system may be summarized as follows: 
 
 Meet the space thermal and ventilation load simultaneously  
 Enable the radiant system to utilize outside air directly as a heat source/sink 
 Simplify the current hybrid radiant system configuration 
 
In order to achieve first two objectives, the conventional radiant systems requires a type 
of air path which would allow it to introduce an appropriate amount of fresh air into the space 
and to route cooler nighttime outside air to the slab directly or indirectly during cooling season. 
In addition, the air path has to play the role of a heat exchanger to condition the outdoor air 
within the radiant system and not with additional heat and cooling components to avoid the 
complexity of current multiple system approaches. Based on these conditions, this study 
proposes a new type of radiant system as illustrated in Figure 3.2. 
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Figure 3.2 System configuration of the hybrid heat source radiant (HHSR) System 
 
The proposed system has a configuration that is similar to a typical embedded tube 
radiant system. It has a water circulation system and a water channel embedded into a radiant 
floor in a space. Additionally, an air circulation component and an air tube are added, and the air 
path is placed inside the water tube. The fresh air is introduced into the air tube by the air 
circulation system and then conditioned by passing through the air path parallel to the water tube. 
When the concentric tubes reach the end of the radiant panel, the air tube is separated and the 
conditioned air is delivered into the space directly and the water is re-circulated to the plant 
equipment. 
Although the proposed system has some potential to achieve the purposes described 
above, it is necessary to investigate whether the proposed system can be operated as intended. 
Therefore, it is necessary to consider the traditional radiant system design and the characteristics 
of heat exchangers because has many of the same characteristics of traditional hydronic radiant 
systems and it has another heat exchange process between the air and water tube. 
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3.3 Design guide lines of typical radiant systems 
The ASHRAE Handbook (ASHRAE, 2000) series notes design guidelines for radiant 
systems. According to the Handbook, there are two considerations in the design and construction 
of a hydronic radiant system. First, the tubes of typical embedded hydronic radiant systems are 
constructed as continuous tubes. The spacing of the tubes ranges from 150mm to 450mm on 
centers. When the tubes are installed in a unit square meter (m
2
) for a radiant panel, the total 
length of the tube ranges from 2m to 6m. If the tube which is embedded into the slab has a 
diameter of 15mm, the contact surface area is in between 0.094(m
2
) and 0.28(m
2
) per unit 
surface area (1m
2
). This provides a relatively large heat exchange surface area between the water 
loop and the floor slab.   
Second, the water temperature of a hydronic radiant system is restricted to avoid 
excessively hot or cold surface temperature. It is common to design for an 11 °C temperature 
drop for heating across a given system grid and a 3 °C rise for cooling, but larger temperature 
differentials may be used. However, the surface temperature for a radiant floor heating system in 
an occupied space is recommended to be between a lower limit of 19 °C for cooling and an upper 
limit of 29 °C for heating to avoid thermal comfort problems associated with too hot or too cold 
surfaces (ISO, 1993). This means that the supply and return water temperature are often around 
40 °C and 29 °C, respectively, for heating and 22 °C and 19 °C, respectively, for cooling. 
From the specified design guideline for hydronic radiant systems, it is possible to 
conclude that the temperature of the heat transfer medium (water) of a radiant system is lower for 
heating and higher for cooling than a conventional forced air system and that this should result in 
greater efficiency in the radiant system. It can also be seen that the radiant system has a relatively 
large surface area to exchange heat between the tube and the slab. If the air in the inner portion 
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of the concentric tube configuration can exchange heat completely with the water in the outer 
tube, we can anticipate that the outlet temperature of the air will be approximately 29 °C for 
heating and 19 °C for cooling. Considering the design room temperature as illustrated in Table 
3.1, air at those temperature conditions would reduce the space thermal loads slightly by 
convective heat transfer when delivered into the space. Thus, using the concentric tube 
arrangement with air flowing through the inner tube and water through the outer tube, the 
outdoor air for the ventilation requirements is conditioned within the panel and then delivered 
into the space at an appropriate temperature. This, then, allows the proposed radiant system to 
satisfy the sensible loads of the space and provide the necessary fresh air to meet the ventilation 
requirements without resorting to the combination of more complex all-air system like a 
dedicated outside air system (DOAS) with the radiant system. 
Table 3.1 space design temperature  
* ASHRAE Handbook HVAC applications (2007) 
** ACCA recommendation 
 
3.4 Heat exchanger theories 
There are many different types of heat exchanger as illustrated Table 3.2. The heat 
exchange between the air and water tube of the proposed radiant system is matched exactly with 
a concentric tube heat exchanger in the table though, as described below, existing heat exchanger 
analysis does not fit the proposed situation exactly. 
A heat exchanger is simply a component that exchanges heat between two fluids that 
move in either the same or opposite directions. Generally, a concentric tube heat exchanger has 
two tubes that share the same coaxial direction. The primary advantage of a concentric 
 Winter Summer 
Office * 21-23 °C 23-26 °C 
Residential ** 21.1 °C 23.9 °C 
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configuration, as opposed to other heat exchanger types, is the simplicity of their design. As 
such, the insides of both surfaces are easy to clean and maintain, making it ideal for fluids that 
can cause fouling. Additionally, its robust build means that the heat exchanger can withstand 
high-pressure operations (Shah R. K., 1988). The heat exchanger also produces turbulent 
conditions at low flow rates, increasing the heat transfer coefficient and hence the rates of heat 
transfer (Coulson & Richardson, 1999).  
However, there are drawbacks to the use of concentric tube heat exchangers. The two 
most noticeable drawbacks are the high cost in proportion to heat transfer area and the 
impractical lengths required for high heat transfer amounts. It also suffers from comparatively 
high heat losses via their large, outer shells. In the case of implementing the heat exchanger into 
the hydronic radiant system, the system can provide sufficient heat exchange area as described in 
the previous subsection. As mentioned above, the tube used in radiant systems are fairly long and 
the outer shell contacts the slab which then conducts heat to the surface of the radiant system 
which then exchanges radiant heat with other building components and human body and 
convective heat with the surrounding air of the space. 
When the water is circulated through the outer tube and the outdoor air through the inner 
tube of the concentric tube heat exchanger as illustrated in Figure 3.3, it offers heat transfer not 
only between the main heat transfer medium, water, and the slab for handling the sensible loads 
of the space, but it also simultaneously between the water and the outdoor air for the ventilation 
requirement. Thus, the water loop is serving two conditioning functions: conditioning the 
outdoor air and conditioning the space through the slab. 
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 Two Shell Passes, 
Four Tube Passes 
Table 3.2 Heat exchanger types (Incropera & DeWitt, 2002) 
Concentric 
tube heat 
exchangers 
 
 
Cross-flow 
heat 
exchangers 
 
 
Shell-and-
tube heat 
exchangers 
 
Compact 
heat 
exchanger 
cores 
 
Finned-Both Fluids 
Unmixed 
Unfinned-One  Fluid Mixed 
the Other Unmixed 
Parallel Flow Counterflow 
One Shell Pass, 
Two Tube Passes 
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In the parallel-flow configuration, both fluids flow in the same direction, and this is more 
appropriate than the counter-flow direction for the radiant system under consideration. 
Considering the inlet and outlet water temperature condition and space design temperature as 
mentioned above, the outlet temperature ranges from 19 °C for cooling to 29 °C for heating is 
more appropriate for a radiant system that is not trying to conditioning the space with supply air. 
The fluid temperature difference of a parallel-flow concentric tube heat exchanger is generally 
large at the inlets of both fluid but decays rapidly with increasing heat exchange length, 
approaching zero asymptotically. The typical fluid temperature distribution curves for a parallel-
flow heat exchanger are shown in Figure 3.4. In contrast, a counter-flow arrangement would 
produce much higher air outlet temperatures and much lower water outlet temperatures during 
heating.  This would significantly shift the impact of the system into more of a forced-air system 
and less of a radiant system. 
 
 
 
Figure 3.3 Diagram of fluid direction and heat transfer of the proposed radiant system 
 
Space 
Water 
Air 
Radiant Slab 
Fluid Direction 
 
Heat Transfer 
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Figure 3.4 Control volume for an energy balance on a parallel-flow heat exchanger and the 
expected fluid temperature variations along the heat exchanger (Mills, 1999) 
 
3.5 System Configuration 
Based on the heat transfer characteristics of tubes embedded into the radiant slab and the 
general performance of a two stream concentric tube heat exchanger, the proposed system has 
the potential to be an alternative radiant system that addresses the shortcomings of traditional 
radiant systems. As illustrated in Figure 3.2, it is composed of a simple fan, a water circulation 
system, a concentric tube heat exchanger, and a radiant floor. In the concentric tube, two heat 
transfer media, water and air, flow in parallel. Air flows in the inner tube and water flows in the 
outer tube. Fresh outdoor air passes through the air side of tube, exchanging heat with the water 
in the outer tube. At the same time, the water exchanges heat with both the air tube and the slab, 
which is generally composed of concrete in radiant floor systems. This system configuration 
enables the system to meet the room sensible load and ventilation load at the same time.  
Considering the system design of traditional radiant systems and concentric tube heat 
exchangers, we can make some rough estimates for the water and air outlet condition. The 
hydronic tube should have a long enough developed length that the two parallel fluids will likely 
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exit the heat exchanger at approximately the same temperature. This means that water and air 
outlet temperature will likely on the order of 19 °C for cooling, and 29 °C for heating.  
Another feature of this system is that it can allow switching the heat source from water to 
air depending on the operating strategy and environmental conditions. When the room has a 
heating or cooling load, water, the primary heat transfer medium, is circulated through outer tube 
to maintain the room at design conditions and to condition the minimum required outside air. 
However, if it can use outside air to pre-cool the thermal mass of the system at nighttime in 
summer, for example, outside air is drawn through the air tube to pre-cool both the slab and the 
water before being introduced into the room. It also can control the air delivery into the space by 
means of a by-pass line to exhaust the air being circulated through the inner tube to the outside 
without delivering to the space if desired.  Moreover, the outside air can be used as a ―Free 
Cooling‖ heat source in daytime when the building has high internal loads like computer server 
rooms and high density office spaces provided that the outside air temperature is appropriate. 
Table 3.3 gives some details on how the proposed system might operate for cooling design day 
conditions (Chicago, IL., USA). 
The proposed system is quite similar to a typical embedded hydronic radiant system 
except that it has one more tube inside the water tube that serves as a pathway for air and a fan 
box for supplying outside air to the tube. A water storage tank and additional water flow path 
from the storage tank that is connected to the condenser of plant could be used as an option to 
improve the system performance. The simple system configuration not only reduces installation 
costs for the system, but it also makes system control more efficient. 
The term Hybrid Heat Source Radiant (HHSR) system will be used to describe this new 
system because the heat source of the system can be changed between water and air depending 
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on the availability of free cooling through the introduction of air into the inner air tube. This 
configuration can manage the required outside air without any additional heating or cooling coil, 
harness outside air at night directly as a cooling source, and simplify the equipment design and 
control. Therefore, the HHSR system is able to achieve all the objectives of this study by taking 
advantage of the traditional radiant system configuration while eliminating some of the 
disadvantages of those systems and also making it possible to use ventilation to pre-cool the 
system when it possible. 
 
3.6 Hypotheses of the system performance 
According to characteristics of the heat exchanger and the system configuration, the 
HHSR system can be a viable HVAC system for buildings. This dissertation seeks to show that 
the proposed system performance will be as follows: 
1) From the heat transfer characteristics of a parallel-flow concentric tube heat 
exchanger, the outdoor air that is necessary to meet the ventilation requirement of the 
space is conditioned within the radiant system to a temperature that is favorable to the 
space thermal condition. It does not need any additional coil components or systems to 
control outdoor air conditioning.  
2) If the parallel-flow concentric tube heat exchanger has sufficient length to 
exchange completely heat between two fluids, the air exiting the air tube outlet of the 
heat exchanger can be directly supplied into the space. 
3) It will provide better indoor thermal environment than typical radiant systems. 
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4) The HHSR system will be a more energy efficient HVAC system than a typical 
radiant system, a dedicated outdoor air system (DOAS) combined with radiant panels, ora 
convectional forced air system. 
5) As illustrated by the possible system operation modes in Table 3.3, the new 
system controls the circulation of both fluids simultaneously or independently. When 
only the outside air is circulated during the nighttime, we can expect the system will 
operated much like a hollow core ventilated slab system. If the water rejects heat via an 
evaporative cooling tower and is then circulated through the system, it can become a type 
of passive radiant cooling system described in the literature. In either case, the system 
allows the flexibility to utilize passive cooling strategies.  
6) The developed system will be able to be applied in most building types and 
locations. 
 
Although we can anticipate the characteristics of the new system using information on 
performance of each individual component, the system must be evaluated as a whole when 
implemented into buildings as a HVAC system. Through the use of numerical analysis and 
annual energy consumption analysis via a simulation model within an annual building energy 
simulation program in the next chapters, this study evaluates the system hypotheses mentioned 
above and investigates the possibilities and limitations for the implementation of the system in 
various buildings. 
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Table 3.3 Sample operation under cooling design day conditions for Chicago, IL 
Time 
Outside Air 
Temp.** [°C] 
Air flow operation Water tube Operation 
1 22.39 
Maximum OA 
(pre-cooling) 
Circulation or Still 
(Depends on the system 
configuration and strategy) 
 
2 21.85 
3 21.38 
4 21.07 
5 20.84 
6 20.93 
7 21.34 
8* 22.15 Maximum OA (Free-Cooling) 
If the room temperature is higher 
than the design condition and the 
OA temperature is lower than room 
temperature, OA is introduced at 
maximum amount. 
Circulation or Still 
(Depends on the system 
configuration and strategy) 9 23.38 
10 24.9 
Flow rates based on ventilation 
requirements 
Circulation 
(Conventional Cooling Mode) 
11 24.64 
12 28.39 
13 29.84 
14 30.85 
15 31.37 
16 31.29 
17 30.71 
18 29.69 
Unit scheduled OFF due to lack of occupancy and OA temperature is too 
high to operate in pre-cooling mode 
19 28.38 
20 26.99 
21 25.73 
22 24.62 
23 23.98 
Maximum OA 
(pre-cooling) 
Circulation or Still 
(Depends on the system 
configuration and strategy) 
 
24 22.96 
  * Room air temperature set as 24 °C and the space occupancy is from 08 to 17 
** From the typical metrological year (TMY) of Chicago, IL USA 
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Chapter 4. Numerical Evaluation of the Hybrid Heat Source Radiant 
System 
 
When a new idea for a building HVAC system is developed, it has to be validated 
through some process not only to ensure its characteristics and performance, but also to verify 
the potential benefits of implementing the system in an actual building. Arguably, the best 
validation approach is to follow a more traditional path including conducting an experiment, 
collecting real system response data, then analyzing the data to improve the system or overcome 
any potential problems. In many cases, it is simply not possible to conduct such research.  
However, computing and numerical analysis technology have been developed and widely 
adopted in engineering, architecture design, and natural environment analysis. It allows 
researchers to make a virtual model of a problem and simulate the model under realistic 
conditions. This saves the time and financial resources needed to construct, operate, and maintain 
a real model. One of the most powerful aspects of a numerical analysis model is that it enables 
the researcher to conduct parametric and/or comparative studies relatively efficiently. 
In this chapter, a numerical analysis will be conducted using a computational fluid 
dynamics (CFD) tool, which is widely used for HVAC design and indoor thermal environment 
research, to investigate the system performance of the proposed radiant system. Comparing the 
indoor local thermal environment factors and a simple estimation of the energy consumption of 
the proposed system with other conventional radiant systems, this chapter investigates the system 
operation under specific, realistic building conditions. In addition, the night ventilation operation 
using the air tube of the proposed system will be discussed. 
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4.1 Overview of numerical evaluation 
The newly developed system, Hybrid Heat Source Radiant (HHSR) system, presented in 
the previous section will be evaluated in this chapter using a thermodynamic and a computational 
fluid dynamics (CFD) analysis during heating and cooling operation. The following two 
conventional radiant systems, which have been widely used, will be compared with the HHSR 
system to evaluate the boiler energy consumption and the indoor thermal conditions that are 
generated by the various systems under both winter and summer design day conditions for 
Chicago, IL., USA: 
 
1) The baseline system is a typical radiant system without any air system to deal with 
outside air requirements. The outside air in the amount of the minimum ventilation 
requirement is supplied to the room without conditioning. The radiant system is designed 
to control the entire heating load (Typical system). 
2) The modified system is a hydronic radiant system with a dedicated outdoor air system 
(DOAS). The DOAS conditions outside air to be the same temperature as the room 
design temperature condition and radiant panel manages the rest of the sensible load 
(DOAS+RAD system). 
3) The HHSR system as described in the previous sections will be also a part of this 
comparison (HHSR system). 
 
The system configuration of the HHSR system is illustrated in the previous chapter, 
Chapter 3 and Figure 4.1 and Figure 4.2 illustrate simplified diagram of the first two system 
configurations described above. 
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As illustrated in Figure 4.3, a simple room with one exterior wall and one exterior 
window is considered for this initial evaluation process. The main characteristics of the sample 
room are summarized in Table 4.1. The thermal mass effect of the exterior wall is not considered 
and other interior walls and ceiling have adiabatic condition. All the load parameters for this test 
case are based on the recommended data from the ASHRAE Handbook (ASHRAE, 2008), and 
the required ventilation rate was calculated based on ASHRAE Standard 62.1-2004.  
In the case of HHSR, the outside diameter of water tube is larger than the other cases due 
to internal air tube, but its sectional area for water flow is identical to the area of the typical and 
DOAS+RAD system cases as described in Figure 4.4 and Table 4.1. 
 
Figure 4.1 System configuration of the typical radiant system (Typical) 
 
 
Figure 4.2 System configuration of the DOAS+RAD system (DOAS+RAD) 
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Figure 4.3 Building geometry for the numerical (CFD) evaluation 
 
 
                                (a) HHSR                                             (b) Typical and DOAS+RAD  
Figure 4.4 Sectional diagram of slab for each case 
2.8 M 
2.0 M 
Exterior  
Wall 
Window Floor Slab 
2.0 M 
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Table 4.1 Building design conditions 
Design Condition 
Heating 
Outside Air Temp. -17.3 °C 
Room Air Temp. 22 °C 
Cooling 
Outside Air Temp. 31.5 °C (at 2PM), No solar heat gain 
Room Air Temp. 24 °C 
Room Condition 
Dimensions 2 m * 2 m * 2.8m (D*W*H) 
Volume 10.8 m
3
 
Exterior Wall area 4.25 m2 
Exterior Wall U value 0.3 W/ m
2
K 
Exterior Fenestration Area 1.05 m
2
 
Exterior Fenestration U-Value 1.8 W/ m2K 
Infiltration rate 0.5 ACH 
Ventilation rate 1.0 ACH 
Slab 
Depth 0.06 m 
Tube Spacing 0.3 m 
Tube length 15 m 
Tube Material PolyEthylenecross(X) linked tube(PEX) 
Tube Thickness 0.002 m 
Tube U-value 0.42 W/ m2K 
Water Tube 
Inlet 
Temperature 
Heating 
Typical : 30 °C 
DOAS+RAD : 30 °C 
HHSR : 30 °C 
Cooling 
Typical : 20 °C 
DOAS+RAD : 20 °C 
HHSR : 20 °C 
Tube Outside Diameter 
Typical :0.015 M 
DOAS+RAD : 0.015 M 
HHSR : 0.0213 M 
Tube sectional area 0.0001767 m2 
Mass Flow rate 
Typical : 0.06 kg/s 
DOAS+RAD : 0.06 kg/s 
HHSR : 0.06 kg/s 
Air side 
Inlet Temperature Outdoor air condition 
Mass Flow Rate 0.004126 kg/s 
Tube outside Diameter HHSR :0.015 m 
Tube sectional area 0.0001767 m
2
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4.2 Thermodynamic Analysis 
Energy can be transferred by the interactions of a system with its surroundings. These 
interactions are defined as work or heat. ‗Thermodynamics deals with the end states of the 
process during which an interaction occurs and provides no information concerning the nature of 
the interaction or the time rate at which it occurs. Although this steady state analysis does not 
fully illustrate heat transfer which is inherently a non-equilibrium process, it may be useful to 
determine the amount of energy required in the form of heat for the system to maintain the 
thermostatic set point condition (Incropera & DeWitt, 2002).  
The required heat energy from primary heat sources, hot or chilled water for this study, are 
with a function of the interactions between the space at a particular design temperature and the 
surroundings and how those interactions relate to building parameters such as the geometry of 
the building and the material properties of its components. Based on the parameters of the 
building as illustrated in Figure 4.3 and Table 4.1, the plant heating load is calculated by 
Equation 4-1 and equals the summation of the infiltration, the ventilation, and the external wall 
conduction loads. For the cooling design day condition, it also includes internal heat gains from 
people, lights, and/or equipment. 
                                                                                                                  (4-1) 
For calculating the ventilation and infiltration heat gain or loss, the temperature difference 
between the inside and outside air is multiplied by the outdoor air mass flow rate of intended 
(ventilation) and unintended (infiltration) air movement and the specific heat (  ) of air in  
Equation 4-2 and 4-3.   
                                                                                         (4-2) 
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                                                                        (4-3) 
In Equation 4-4, the temperature differential is also used to calculate the conduction load 
though the external walls. The surface area of opaque and non-opaque walls and the overall heat 
transfer coefficient (   define the heating load. 
              
 
                                                                          (4-4) 
In the case of the HHSR system, the air outlet temperature depends on the water outlet 
temperature. An iteration process was necessary to find the water and air outlet temperatures. If 
it is assumed that the air and water outlet temperature are identical as described previous chapter, 
the HHSR system supplies hot, or chilled air to the space at a temperature above or below the 
space temperature so there is a net ventilation heat gain/loss in the Equation 4-5. 
                                                                             (4-7) 
In case of the water used as primary heat source, the plant load in the equation 4-1 can be 
expressed as  
                                                                        (4-8) 
Using Equations 4-2 to 4-4, the heating load of the typical and DOAS+RAD system are 
calculated to be 368.4W. The water outlet temperature of each system can be calculated using 
Equation 4-8 to be 28.53 °C for these two systems. Even though there is a net ventilation heat 
gain based on Equation 4-7 for the HHSR system, the total boiler energy is the same for the 
HHSR as for the other cases. For cooling design day, all systems have the same cooling load of 
162.4W and an outlet water temperature of 20.65 °C at the given conditions.  
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4.3 Computational Fluid Dynamics (CFD) Analysis 
Even though the overall system performance can be simply evaluated by thermodynamics 
based on the First Law as shown in the previous section, it is not a sufficient comparison to 
investigate how the different systems effect the thermal conditions of the space and how the heat 
transfer medium, air and water, will change the temperatures in the system. This is because the 
First Law analysis does not factor in the impact of radiation between the internal surfaces, 
convection between the surface and the space air, conduction from the surface of the water tube 
to the slab, etc. In addition, there are complex geometries in real buildings, and it is necessary in 
some cases to account for multidimensional heat transfer effects. Various numerical methods 
include analytical, graphical, and numerical approaches have been used to solve the heat transfer 
problems in complex geometry and for more than one heat exchange(Incropera & DeWitt, 2002). 
Because the fluid, air in the space and water as a heat transfer medium, condition is 
important to verify the performance of HVAC systems in buildings, computational fluid 
dynamics (CFD) has been widely applied to solve many research and engineering problems. 
‗CFD is one of the branches of fluid mechanics that uses numerical methods and algorithms to 
solve and analyze problems that involve fluid flows. Computers are used to perform the millions 
of calculations required to simulate the interaction of fluids, liquids and gases, with surfaces 
defined by boundary conditions’(Anderson, 1995).   
In this section, a 3-dimentional real scale model for the numerical analysis is developed 
to evaluate the system performance by comparing indoor thermal conditions, the water outlet 
temperature, and the radiant panel surface temperature of each of the systems described in 
section 4.1. 
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4.3.1 Model description 
Numerical simulations for a real scale model were performed to evaluate the system 
performance of three different types of radiant systems with the commercial computational fluid 
dynamics (CFD) program, ANSYS CFX 11.0. This code is based on the finite-volume method, 
and it resolves the Reynold-Average Naviar-Strokes equations of the fluid for each finite 
volume. In this technique, the region of interest is divided into small sub-regions, called control 
volumes. The equations are discretized and solved iteratively for each control volume (ANSYS, 
2007). As a result, an approximation of the value of each variable at specific points throughout 
the domain can be obtained. In this way, one derives a full picture of the behavior of the flow. 
Figure 4.5 illustrates the geometry and mesh conditions of the CFD model. Due to the 
asymmetry of the physical domain, the computational mesh model has two different air domains 
(the space itself and the inner tube of concentric tube heat exchanger), two solid domain (the 
radiant panel in the space and the tube material), and a water domain for outer shell of the heat 
exchanger. Each domain is linked to the other domains through an interface boundary: water-
tube, water-slab, air-tube, and slab-air. 12 cases representing three different types of radiant 
systems, two different ventilation air delivery locations, and both heating and cooling design day 
conditions were selected for this CFD simulation. 
There are various parameters that impact the reliability of the CFD simulation such as the 
grid spacing, the fluid model for turbulence and buoyancy, and the radiation model. The effect of 
grid spacing on the computed results was checked by increasing the total number of elements to 
about 7,600,000.  
In the simulation, the standard     model was selected for the turbulence solution 
model for the fluid domains such as the room, the water tube, and the air tube. The turbulence 
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model is a semi-empirical model, which is appropriate only for fully turbulent flows. The model 
is based on two model transport equations.   is the turbulence kinetic energy and is defined as 
the variance of the fluctuations in velocity.   is the turbulence eddy dissipation (the rate at which 
the velocity fluctuations dissipate) and has dimensions of   per unit time.  
 
 
Figure 4.5 Geometry and Mesh condition of CFD Model 
 
According to Stamou‘s article, it is also derived using a high Reynolds number 
hypothesis and treatment of conditions near the walls are based on the application of wall 
functions (Stamou & Katsiris, 2006). The equations and basic theory behind CFD modeling can 
be found in most CFD program documentation. The     model has been commonly used in the 
CFD programs when applied to indoor environments. 
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For buoyant flows within the space where the density variation is assumed to be driven 
only by small temperature variations, the Boussinesq model is used to characterize natural 
convection. The model assumes that the change in air density over the expected range of 
condition is relatively small, so the fluid density is assumed to be a constant through the 
computational domain.  However, it applies a local gravitational body force throughout the fluid 
which is a linear function of fluid thermal expansivity,  , and the local temperature difference 
with reference to a temperature level called the Buoyancy Reference Temperature. 
The discrete transfer method is used for thermal radiation modeling, and it assumes that 
air is a participating media and that surfaces of the space are ―gray‖.  The diffusivity and 
emissivity of all surfaces in the room including the radiant floor are assumed to be 0.9, which is 
typical for most common building elements that are non-reflective. The discrete transfer method 
is based on tracing the domain by multiple rays leaving from the bounding surfaces. The 
technique was developed by Shah (Shah N. , 1979) and depends upon the discretization of the 
equation of transfer along these rays. The path along a ray is discretized by using the sections 
formed from breaking the path at element boundaries. The physical quantities in each element 
are assumed to be uniform. For the results to be accurate, the elements must be chosen so that the 
radiation field is reasonably homogeneous inside them. This means, for example, that they must 
be small enough that the scattering optical depth is less than unity across each element.  
At the interfaces between the solid domain and the space air or water, there will be 
additional heat transfer to/from the surface besides radiation so heat transfer to/from the surface 
by convection and conduction must also be taken into account (Incropera & DeWitt, 2002). To 
solve this conjugate heat transfer problem, the CFD program calculates both fluid-side and solid-
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side temperatures based on heat flux conservation. These values are representative of the 
temperature within the half-control volumes around the vertices on the interface. 
Normalized residuals are computed by dividing each raw residual control volume 
imbalance by representative control volume coefficients and the range of the variable in the 
domain. These normalized residuals are independent of time step choice and initial guess. The 
root mean square (RMS) of the residuals for each equation such as energy of fluids, radiation, 
and total energy are calculated and convergence was taken to be attained at a RMS value of less 
than 10
−4
which from the CFD program viewpoint is considered to be very tight(ANSYS, 
2007)(Varma & Kannan, 2006).  
To solve the coupled system of partial differential equations, a high-resolution scheme 
using the first order backward Euler method was adopted. This scheme can provide second or 
higher order spatial accuracy in smooth portions of the solution and the solutions are free from 
spurious oscillations or wiggles. The high resolution scheme during most of the simulation 
maintains second order accuracy without violating the boundedness principle (Hirsch, 1990).  
Six different simulation cases based on the different radiant systems and ventilation 
methods were simulated using an Intel®  Pentium 4, 3.19 GHz with2990 MB RAM machine 
running WINDOWS XP Professional. Typically, the computer processing time for a single case 
to produce converged results was approximately 72 hours. 
 
4.3.2 Evaluation criteria 
The water outlet temperature and indoor thermal environment were selected to evaluate 
the system performance of the proposed system. Considering that the main objective of HVAC 
system for building is to provide an acceptable thermal environment for occupants, it is 
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necessary to evaluate the proposed system to insure that it is able to satisfy the requirements for 
general thermal comfort and local thermal comfort (Olesen B. , 2002). The local thermal 
discomfort caused by a vertical air temperature difference between the feet and the head, by an 
asymmetric radiant field, by a local convection cooling (draft), or by contact with a hot or cold 
floor must be considered in determining conditions for acceptable thermal 
comfort(ANSI/ASHRAE, 2004).  
Thermal stratification that results in the air temperature at the head height being warmer 
than at the ankle level may cause thermal discomfort. ASHRAE Standard 55 specifies allowable 
differences between the air temperature at head height and the air temperature at ankle level. 
Figure 4.6 gives the predicted percentage of dissatisfied (PPD) occupants as a function of the air 
temperature difference where the temperature at head height is warmer than the temperature at 
the ankle level. The standard recommends that the temperature difference not exceed 3 °C 
between the ankle and the head of occupants for whatever building types are. 
Occupants may feel uncomfortable due to contact with floor surfaces that are too warm or 
too cool. The temperature of the floor, rather than the material of the floor covering, is the most 
important factor for foot thermal comfort for people wearing shoes. Figure 4.7illustrates the PPD 
of occupants wearing normal shoes as a function of floor temperature. ISO also recommended a 
floor temperature range of 19 °C to 29 °C in occupied spaces.  
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Figure 4.6 Local thermal discomfort caused by vertical air temperature differences 
(ASHRAE 2004) 
 
Downdrafts from cold surfaces such as windows are another potential source of 
discomfort. Draft is defined as an unwanted local cooling of the body caused by air movement. It 
depends on the air speed, the air temperature, the turbulence intensity, the activity, and the 
clothing level. Sensitivity to draft is greatest where the skin is not covered by clothing, especially 
the head region comprising the head, neck and shoulders and the leg region comprising the 
ankles, feet and legs. The potential discomfort due to draft is based on the sensitivity to draft in 
the head region due to airflow from behind and may be conservative for some locations on the 
body and for some directions of airflow. The predicted percentage of people dissatisfied due to 
annoyance by draft (DR) is given by the following equation: 
DR = ((34-ta)*(v-0.05)^0.62)*(0.37*v*Tu+3.14)                                                   (4-9) 
where: DR is the predicted percentage of people dissatisfied due to draft;  
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ta is the local air temperature in degrees Celsius;  
v is the local mean air speed in m/s based on va the mean velocity;  
Tu is the local turbulence intensity in percent. 
Although there are several indices that can characterize occupant thermal comfort such as 
PMV-PPD, Operative Temperature, and radiant asymmetry, the factors described above will be 
the focus of this investigation into the thermal environment produced by the different radiant 
systems using CFD. 
In addition, the outlet temperature of the primary heat medium, water, and the demand 
load of the system to maintain indoor thermal condition can be estimated by calculating the heat 
exchange from the water tube to the slab and the air tube.  This can then represent the overall 
energy consumption of the system for a certain time and condition.  
 
 
Figure 4.7 Local discomfort caused by warm and cool floors (ASHRAE 2004) 
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4.4 CFD Results 
After each numerical simulation reaches the given convergence criteria, the results are 
processed using the post procedure toolkit, CFX-post. To analyze the output data using the given 
evaluation criteria, graphical and numerical methods were adopted. The local indoor thermal 
environment and simple energy calculation were conducted for each case under both heating and 
cooling conditions. 
 
4.4.1 Heating design day condition 
The room air temperature of the typical radiant system ranged from 2.77 °C to 19.14 °C 
(Average=16.49 °C). For the DOAS+RAD system, the room temperature ranged from 6.29 °C to 
21.99 °C (AVE=19.82 °C). The room air temperature of the HHSR ranged from 5.56 °C to 28.47 
°C (AVE=20.40 °C). Although none of the systems was successful in maintaining the design air 
temperature (22.0 °C), the room air temperature is much closer to the room set point condition 
for the HHSR system than the other systems due to the ventilation supply air temperature of the 
proposed system being higher than that of the other systems. 
When the air is delivered to the space at a temperature that is different than that of the 
space air, density differences between supply and space air result in thermal stratifications within 
the space. The effect causes a ―layered‖ air condition, cold air in lower level of the space and hot 
air in higher level of the space (Kong & Yu, 2008). As shown as Table 4.2, both the 
DOAS+RAD and HHSR systems have a thermally isolated air zone near the ceiling which has 
the exhaust air diffuser.  
Table 4.3 gives a comparison of the radiant panel temperature distributions. The HHSR 
system not only has the smallest temperature difference (AVE=26.30 °C, S.D.=0.75), but it also 
has the highest average surface temperature among the three types of radiant systems. For the 
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case of DOAS+RAD system, the average floor surface temperatures and its standard deviation 
are 25.50 °C and 0.76, respectively.  
The floor surface temperature of the typical radiant system ranged from 13.61 °C to 20.24 
°C, and its average value was 17.03 °C. The water tube of HHSR system has a larger contact 
area to slab (1.5 times) than the other cases due to the configuration of concentric tube (see 
Figure 4.4.). It can explain why the floor surface temperature of the HHSR system is more 
uniform and much higher than other cases despite having the same tube cross sectional area, 
mass flow rate of water, and water supply temperature. 
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Table 4.2 Vertical temperature distributions for heating conditions (Ceiling diffuser) 
Model geometry and temp. legend Typical radiant system 
  
DOAS+RAD system HHSR system 
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Table 4.3 Floor temperature distributions for heating conditions (Ceiling diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Table 4.4 and 4.5 compares the vertical room air temperature distributions at the central plane 
cross section where X=1.0m and floor surface temperature of each case when the ventilation air 
is supplied through the side wall diffuser located on the exterior wall under the window.  
The room air temperature of the typical radiant system ranged from 1.07 °C to 20.95 °C 
(AVE=15.27 °C). For the DOAS+RAD system, the room air temperature ranged from 6.22 °C to 
21.51 °C (AVE=19.84 °C). The room air temperature of the HHSR ranged from 7.50 °C to 22.92 
°C (AVE=20.99 °C). The results of the cases were similar to the ceiling diffuser case. The 
proposed system is the closest to the design indoor air temperature among the configurations. If 
the room air temperature variance of the plane is considered, the standard deviation value of each 
case is 4.24(Typical), 1.01(DOAS+RAD), and 0.95(HHSR), respectively. This means that the 
proposed system can also provide a more uniform temperature condition for the space.  
For the floor surface temperature, the HHSR system not only has the smallest temperature 
difference (S.D.=0.86) but also had the highest average surface temperature (20.91 °C)among the 
three types. In the DOAS+RAD system, the average floor surface temperature and its standard 
deviation were 19.73 °C and 1.06, respectively. The floor surface temperature of the typical 
radiant system ranged from 4.84 °C to 18.44 °C, and its average value was 13.08 °C.  
Compared with the ceiling air supply cases, the overall surface temperature of the radiant 
panel of each system using a wall supply diffuser is lower. This is explained by the fact that 
when an air inlet is placed near the radiant panel the surface convection heat transfer is 
enhanced. This effects the heat addition to the supply air, so the air temperature near the panel 
surface is higher than in the ceiling air supply case. 
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Table 4.4 Vertical temperature distributions for heating conditions (Wall diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Table 4.5 Vertical temperature distributions for heating conditions (Wall diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Vertical temperature difference between the ankle and head and the DR value of a 
midpoint of the space is illustrated in Figure 4.8 and Table 4.6.  Assuming that a human body is 
seated in a chair or standing on the radiant floor at the midpoint of the space as in Figure 4.8, the 
vertical room air temperature distributions can be compared. Except for the typical radiant 
system which delivers outdoor air directly through the wall diffuser without conditioning, the 
temperature difference is kept within the recommended differential (< 3 °C). The HHSR system, 
especially when supplying outdoor air via wall diffuser, provides the most uniform vertical 
temperature condition with less than a 0.8 °C differential between the head and ankles and an 
average temperature that is much closer to the set-point temperature in comparison to the other 
systems. This vertical temperature differential is kept within 1 °C using the DOAS+RAD system. 
The typical radiant system with the wall ventilation air diffuser fails to satisfy the recommended 
vertical temperature difference due to the extreme temperature of the unconditioned ventilation 
air temperature (-17.3 °C) and the resulting thermal stratification. 
The DR, the predicted percentage of people dissatisfied due to draft, based on the 
Equation 4-9 is calculated using the air temperature, the average air velocity and the turbulent 
intensity at each point. The turbulent intensity is generally assumed to be less than 20% for an 
indoor space served by the radiant system. The Table 4.6 gives the DR for each radiant system 
type. From the calculation results, all three systems prevent local thermal discomfort due to draft 
except at the ankle position. When the ventilation air is supplied at or near that position, the DR 
is more than 19% for the HHSR system and 37% for the typical radiant system. It means that the 
ventilation supply air diffuser position has to be considered to provide appropriate comfort level 
in the design of a radiant system.  
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Figure 4.8 Vertical temperature differences at the middle point/cross-section of the space 
(Heating) 
 
Table 4.6 Predicted percentage of people dissatisfied due to draft (DR) by height (Heating) 
Type Typical DOAS+RAD HHSR 
Height 
[m] 
Ceiling 
Outlet 
Wall Outlet 
Ceiling 
Outlet 
Wall Outlet 
Ceiling 
Outlet 
Wall Outlet 
0.10 3.34 37.07 2.87 21.93 2.79 19.54 
0.33 3.36 0.00 2.73 0.00 2.63 0.00 
0.59 3.35 0.00 2.70 0.00 2.59 0.00 
0.85 3.33 0.00 2.68 0.00 2.58 0.00 
1.11 3.31 0.00 2.65 0.00 2.56 0.00 
1.36 3.28 2.74 2.64 2.33 2.55 2.19 
1.62 3.26 2.84 2.63 2.56 2.53 2.41 
1.88 3.25 2.69 2.60 2.57 2.52 2.43 
2.14 3.26 1.55 2.51 1.53 2.46 1.46 
2.40 3.27 1.68 2.45 1.68 2.24 1.63 
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Figure 4.9 compares the hot water outlet temperatures of the CFD results for heating 
design day conditions. It illustrates that there are no major temperature differences between the 
air supply locations. Based on the Equation 4-10, the estimated boiler energy consumptions are 
calculated to be around 208kW for the typical radiant system, 315kW for the DOAS+RAD 
system, and 336kW for the HHSR system. Compared to the thermodynamic analysis result 
(28.53 °C) in the section 4.2, the outlet temperature of CFD model under steady state condition is 
very close to the results of the CFD analysis except for the typical radiant system. The estimated 
plant energy of the HHSR system shows an increase of 9% over the boiler energy of the 
DOAS+RAD system due to the additional heat transfer to the ventilation air in the HHSR 
system. It should be noted that while this appears to show that the HHSR system is not as 
efficient as the other radiant systems it does provide better thermal conditions within the space 
than the other systems and that energy comparisons can only be made when the level of comfort 
is equivalent between the systems. 
From another perspective, the result also shows the limitation of the steady state 
calculation. For example, the HHSR system has the highest slab surface temperature among the 
different systems. This could be an energy advantage under varying conditions because it should 
require less heat to maintain comfortable conditions as environmental conditions change. 
Therefore, to gain a full understanding of whether or not the HHSR system will provide better 
comfort and better energy performance, it is necessary to simulate the cases under more realistic 
building conditions and look at transient effects. The latter part of this dissertation will 
investigate this. 
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Figure 4.9 Water outlet temperature of each system for heating design day condition 
 
4.4.2 Cooling design day condition 
 
Table 4.8 and 4.9 summarize the results of the CFD simulations for cooling design day 
conditions when outdoor air for the ventilation requirement is delivered though the ceiling 
diffuser.  
Table 4.8 compares vertical room air temperature distributions at center plane cross-
section at X=1.0m for each case. In the typical radiant system with ventilation, the temperature 
difference ranged from 24.58 °C to 31.45 °C, and the average room air temperature was 26.38 °C 
which is above the desired design condition (24 °C). This is caused mainly by directly supplying 
unconditioned ventilation air (31.5 °C) to the space.  The room air temperature of the 
DOAS+RAD system ranged from 24.57 °C to 29.66 °C and averaged 25.94 °C. The room air 
temperature of the HHSR ranged from 22.37 °C to 29.65 °C and averaged 25.90 °C in the space. 
The standard deviations (S.D.) of the temperature distribution for each case were 1.02 °C 
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(Typical), 0.69 °C (DOAS+RAD), and 0.58 °C (HHSR), respectively. The overall air 
temperature distributions are fairly similar to each other for cooling design day conditions. 
Table 4.9 gives a comparison of the radiant system surface temperature distributions. The 
floor surface temperature of typical radiant system ranged from 24.48 °C to 25.02 °C 
(S.D.=0.12) and from 24.17 °C to 25.30 °C (S.D.=0.13) for the DOAS+RAD system. The floor 
surface temperature of the HHSR system was similar to other systems and ranged from 24.69 °C 
to 25.46 °C (S.D=0.09). From the CFD results for the room air and floor temperature 
distributions, it shows that all three cases are providing a similar thermal environment, though 
the HHSR system has the smallest standard deviation. 
When a radiant system is used for cooling system, a key obstacle is the potential for 
surface condensation. To avoid condensation, the surface temperature of the radiant system 
should be kept above the dew-point temperature of the space.  At the given design air 
temperature of 24 °C, the dew-point temperatures based on the indoor relative humidity ratio are 
calculated in Table 4.7.  Comparing the surface temperature ranges with the dew-point 
temperature, all of the radiant system can be operated under these simulation conditions without 
concern that condensation will take place since all of the floor surface temperatures are above 24 
°C. 
 
Table 4.7 Dew-point temperatures for various relative humidity ratios at the design 
indoor air temperature 
Air temperature [°C] Relative humidity ratio [%] Dew-point temperature [°C] 
24 
10 -8.43 
20 -0.28 
30 5.75 
40 9.58 
60 15.76 
70 18.19 
90 22.26 
100 24.00 
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Table 4.8 Vertical temperature distributions for cooling conditions (Ceiling diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Table 4.9 Floor surface temperature distributions for cooling conditions (Ceiling diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Table 4.10 and 4.11 compares the vertical room air temperature distributions at center 
plane cross section at X=1.0m and floor surface temperature for each radiant system when the 
ventilation air is supplied through the wall diffuser located on the exterior wall under the 
window. The room air temperature of the typical radiant system ranged from 24.61 °C to 30.58 
°C (Average=26.49 °C). For the DOAS+RAD system, the room air temperature ranged from 
23.59 °C to 29.68 °C (AVE=25.59 °C). The room air temperature of the HHSR ranged from 
21.53 °C to 30.00 °C (AVE=25.39 °C). The result of the cases is similar to the ceiling air supply 
configuration. If the room air temperature variance of the plane is considered, the standard 
deviation value of each case is: 1.20 °C (Typical), 1.14 °C (DOAS+RAD), and 1.74 °C (HHSR). 
Except for the typical radiant system, the space air temperatures calculated for the wall supply 
diffuser are slightly higher than the ceiling supply diffuser. This is mainly because of the 
buoyancy effect elevating the hot air to the ceiling location near the air exhaust diffuser. This 
trend would improve the ventilation efficiency. 
When comparing the floor surface temperature, the HHSR system had the largest 
temperature difference (S.D.=0.35 °C) and the lowest average temperature (22.98 °C)among the 
three radiant system types. In the case of the DOAS+RAD system, the average floor surface 
temperature and its standard deviation were 23.96 °C and 0.11 °C, respectively. The floor 
surface temperature of the typical radiant system ranged from 24.45 °C to 25.21 °C and its 
average value was 24.81 °C with a 0.19 of standard deviation.  
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Table 4.10 Vertical temperature distributions for cooling conditions (Wall diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Table 4.11 Floor surface temperature distributions for cooling conditions (Ceiling diffuser) 
Model geometry and temp. legend Typical Radiant system 
 
 
DOAS+RAD system HHSR System 
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Compared with the ceiling supply air configuration, the overall surface temperature of the 
radiant system of each system type was lower for the wall diffuser configuration. When an air 
exhaust diffuser is placed near the radiant system, the surface heat transfer is enhanced by natural 
convection and additional forced convection. Considering the dew-point of the indoor air, the 
predicted averaged air temperature (25.39 °C) of the HHSR should not result in any surface 
condensation unless its relative humidity ratio is higher than 85%. 
The vertical temperature difference between the ankle and head heights and the DR value 
of a midpoint of the space is illustrated in Figure 4.10 and Table 4.13. Assuming a human body 
sitting in a chair or standing on the radiant floor at the midpoint of the space, Figure 4.11 
compares the vertical room air temperature distributions. In contrast to the heating conditions, 
the temperature difference is controlled to within the recommended differential (< 3 °C) for all of 
the radiant systems except the HHSR system when delivering outdoor air through the wall 
diffuser. The HHSR system, especially when supplying outdoor air via the ceiling air diffuser, 
provides the most uniform vertical temperature condition in the occupied zone (less than 0.7 °C) 
among the three system types. In other words, a person who stands on the radiant floor will claim 
local discomfort due to a temperature difference (3.8 °C) between the head and ankles when the 
ventilation air is supplied through the wall diffuser for the HHSR system. The temperature 
differential was less than 2.4 °C for the DOAS+RAD system while it was less than 2.25 °C for 
the typical radiant system. 
As illustrated in the previous section, the DR is also calculated, based on the Equation 4-
9. Table 4.12 gives the DR at different heights in the space of each radiant system type in cooling 
operation. From the results, all three cases can prevent the local thermal discomfort due to draft. 
The air velocity of each point is generally lower than it was under heating conditions.  
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Figure 4.10 Vertical temperature differences at the middle point/cross-section of the space 
(Cooling) 
 
Table 4.12 Predicted percentage of people dissatisfied due to draft (DR) by height (Cooling) 
Type Typical DOAS+RAD HHSR 
Height[m] 
Ceiling 
outlet 
Wall outlet 
Ceiling 
outlet 
Wall outlet 
Ceiling 
outlet 
Wall outlet 
0.10 0.00 0.00 0.00 0.00 0.00 0.00 
0.33 0.00 0.00 0.00 0.00 0.00 0.00 
0.59 0.00 0.00 0.00 0.00 0.00 1.62 
0.85 0.00 0.00 0.00 0.00 2.92 1.70 
1.11 0.00 0.00 0.00 0.00 3.76 0.92 
1.36 0.00 0.00 0.00 0.00 4.40 0.00 
1.62 0.00 0.00 0.00 0.00 4.29 0.00 
1.88 0.00 0.00 2.04 0.00 2.73 0.00 
2.14 0.00 0.55 5.00 0.00 0.00 0.00 
2.40 0.00 0.14 4.27 0.00 0.00 0.00 
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Figure 4.11 compares the chilled water outlet temperatures using CFD for cooling design 
day conditions. It illustrates that there are no major temperature differences between the supply 
air diffuser locations. Based on the Equation 4-8, estimated water chiller energy consumption for 
each case were calculated to be around 58kW for the typical radiant system, 84kW for the 
DOAS+RAD system, and 103kW for the HHSR system. Compared to the thermodynamic 
analysis in the section 4.2, the outlet temperature of CFD model under steady state condition was 
very close to the result of the thermodynamic analysis (20.65 °C) for all cases except the typical 
radiant system. The estimated plan energy of the HHSR system can be shown to be increased by 
20% of the water chiller energy of the DOAS+RAD system due to additional heat transfer to the 
ventilation air.  
 
 
Figure 4.11 Water outlet temperature of each system for cooling design day condition 
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As with the heating design day case, the fact that the HHSR system appears to consume 
more energy is not based on equivalent comfort between the different systems.  The HHSR 
system provided the best comfort conditions within the space and a comparison of energy 
consumption would require equivalent comfort levels between the systems before any 
conclusions could be drawn. 
 
4.4.3 Passive cooling operation 
The use of thermal mass in buildings is a long established low energy technique. Pre-
cooling a large thermal mass within a building component at night allows the thermal mass to 
absorb heat which generated within the space during the daytime hours. This low energy system 
can be very effective in reducing the cooling needs of many building types, especially high gain 
buildings such as office buildings.  These passive cooling configurations have been incorporated 
into HVAC systems to reduce or offset the on-peak cooling load.   
As illustrated the previous chapter, the system configuration of the HHSR can allow the 
use of outdoor air as utilizing heat transfer medium when the temperature difference between the 
inside and outside of the building is favorable during cooling situations. When the outdoor 
temperature is lower than the space design temperature, the air can be introduced into the internal 
tube provide some cooling to thermal mass components such as a concrete slab.  
At the given outdoor air profile as shown in Figure 4.13, the outdoor door air is below the 
space design temperature (24 °C) during 10 hours of the cooling design day for Chicago, IL.  
Thus, the space thermal loads during the daytime could potentially be reduced by pre-cooling a 
thermal mass within the space using cooler nighttime air and using this stored cooling potential 
as a heat sink during the daytime to absorb heat from the interior space. 
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To investigate the night ventilation performance of the developed model, the previous 
CFD mesh file was adopted again and modified. The geometry was modified to assume an 
interior space to avoid any heat exchange through the exterior wall. It also assumed that the night 
ventilation began when the space was vacant (8PM) and the outdoor air temperature was closed 
to the space design temperature (25.54 °C). Considering the internal load condition and the 
outdoor air conditions, the initial condition of the space air and overall slab temperature was set 
to 30 °C.  
From 8PM to 7AM before the occupants returned to the space, 12 steady-state 
simulations were conducted. After one time simulation was completed, the result of each 
volumetric mesh was to be the initial condition for the next simulation. With each simulation 
result linked to the next steady state simulation in this fashion, we are able to approximate the 
dynamic, hourly system performance using night ventilation. Although this night ventilation 
model has limiting assumptions such as the outdoor air and indoor thermal conditions are not 
changing in any given hour, of the results will be helpful as a preliminary study to evaluate the 
system performance and consider any alternative system operation for the detail transient 
analysis which will be discussed in latter part of this dissertation. 
While comparing the night ventilation performance of the HHSR system, a conventional 
night ventilation model was also considered. The conventional model just introduces outdoor air 
into the space directly through the ceiling diffuser. For the proposed HHSR system, the outdoor 
air is introduced into the internal tube and circulated through the slab before it is supplied to the 
space directly at the same air mass flow rate.  Figure 4.12 shows the hourly outdoor air 
temperature variation for the Chicago design day and the space set point temperature during 
occupied hours for the cooling design day.  
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Figure 4.12Hourly profiles of the outdoor air temperature variation and the room design 
temperature condition 
 
 
Figure 4.13 Data acquisition plane for the night ventilation performance 
 
20
22
24
26
28
30
32
34
1 2 3 4 5 6 7 8 9 10 11 12 13 14 15 16 17 18 19 20 21 22 23 24
A
ir
 T
e
m
p
e
ra
tu
re
 [D
e
g.
 C
]
Time [Hour]
Outdoor air Set point temp. in daytime
Space 
Slab 
79 
 
Table 4.13 shows the hourly sectional slab and space air temperature profiles at X=1.0m 
for both the HHSR and the conventional night ventilation (CNV) operation as illustrated in 
Figure 4.13. The hourly averaged slab and surface temperature of that plane for both cases are 
plotted against the hourly outdoor air temperature profile in Figure 4.14. 
In the case of the CNV, both the space and slab temperature decline in proportional to the 
outdoor air temperature. The space temperature is always lower than the average slab 
temperature for conventional night ventilation. The lowest slab and space temperatures are 24.41 
°C and 23.89 °C, respectively, whereas the outdoor air temperature has dropped to 20.88 °C at 
4AM.  
In contrast to CNV, the average slab temperature of the HHSR system is lower than the 
space temperature during the period. This is mainly caused by the air path where the outdoor air 
is circulated through the internal tube of the slab first then delivered into the space. It also 
illustrates that the average space air temperature is higher than the CNV for the initial operation 
period, 08PM-12PM. However, the space temperature declines rapidly as the slab is cooled down 
using the outdoor air and the temperature difference of the slab and the space become closer as 
time elapses. The minimum slab and space temperatures for the HHSR system using nighttime 
ventilation are 21.77 °C and 22.13 °C, respectively. 
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Table 4.13 Hourly space and slab temperature distributions at X=1.0 
Time 
Temp. 
Legend 
System Type 
HHSR  Conventional 
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Table 4.13 (Continued) 
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Table 4.13 (Continued) 
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Table 4.13 (Continued) 
 
Time 
Temp. 
Legend 
System Type 
HHSR  Conventional 
02 
 
 
  
 
03 
 
  
84 
 
Table 4.13 (Continued) 
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Table 4.13 (Continued) 
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HHSR  Conventional 
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Figure 4.14 Hourly temperature profiles of the conventional ventilation system and the 
HHSR system for ventilation 
 
From the results, we can conclude that the night ventilation performance depends on the 
ventilation method and the heat exchange characteristics. Heat transfer across a domain 
boundary is usually described in an overall heat transfer coefficient, which is the amount of heat 
energy crossing an area per unit time per unit temperature difference between the domains. Thus, 
the rate of heat transfer crossing domains can be calculated using the following Equation 4-10. 
               (4-10) 
Where,   is the rate of heat transfer,   is the overall heat transfer coefficient,   is the 
interface boundary area, and    is the temperature difference between the boundaries. The 
domain interface between air and solid is located at the slab surface of the CNV and the internal 
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tube surface of the HHSR system. The variations of the overall heat transfer coefficient of each 
interface are illustrated in Table 4.14. The average values of each type are 0.96 W/m
2
K for the 
CNV and 79.1 W/m
2
K for the HHSR system. The interface area of each type is 4m
2
 for the CNV 
and 0.7 m
2
, respectively. Assuming that the temperature difference is the same at the interface, 
the heat transfer rate of the HHSR system is 14 times higher than the CNV at the time 7AM.  
 
Table 4.14 Overall heat transfer coefficient at the slab-air interface of each system type 
Conventional Night Ventilation HHSR System 
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This is mainly caused by the velocity condition of the heat transfer medium, air. For the 
CNV, the supplied outdoor air mixes with the existing space air and transfers heat from the slab. 
In this situation, the air velocity is quite low near the interface surface.  This means that the 
outdoor air delivered into the space does not have sufficient potential to cool the slab or have it 
reach temperatures near the space air temperature. 
However, the air passing through the internal tube of the HHSR system has high velocity 
and turbulent condition due to the relatively small channel size. From this, we anticipate that the 
HHSR system can achieve lower slab and space temperatures using the nighttime outdoor air, 
and the thermal storage capacity of the building component in the HHSR system is higher than 
the CNV system. 
 
4.5 Summary 
In this chapter, both a thermodynamic and numerical analysis was carried out in order to 
evaluate the system performance and compare the performance of existing radiant systems with 
the proposed HHSR system. Using a room-sized geometry, a typical radiant system and an 
incorporation radiant system with a dedicated outdoor air system were modeled and compared to 
the proposed system. The results of thermodynamic and numerical study in this section can be 
summarized in the next following paragraphs. 
From the thermodynamic analysis based on the First Law of Thermodynamics, all three 
models needed the same energy input to maintain the design temperature under heating and 
cooling design day conditions. This means that the proposed HHSR system model should have 
similar energy consumption as the two existing radiant system options, although the study is 
based on the very simple assumptions that the room air temperature was kept under the control at 
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the set point temperature. However, this was not a sufficient tool to investigate the overall 
system performance because it did not evaluate essential parameters such as indoor thermal 
environment, heat medium condition, and occupants‘ thermal comfort.  
To address these shortcomings of the thermodynamic model, computational fluid 
dynamics models for the three different radiant systems including the proposed model were 
developed, and the CFD numerical analysis was performed. The models have three-dimensional 
geometry with real scale geometry and realistic indoor/outdoor conditions. The geometry for the 
CFD models was composed of numerous finite volume elements. To avoid any calculation 
dependence on the mesh condition, each model has the same amount of the elements. The widely 
used calculation models, such as the standard k-ε model for turbulent modeling, Boussinesq 
model for natural convection modeling, and the discrete transfer method for radiant heat transfer 
modeling between internal walls, were used for this numerical simulation.  
     For the heating design day in Chicago, IL USA, the HHSR system and the radiant 
system incorporated with the dedicated outdoor air system (DOAS) provided an acceptable 
indoor thermal environment, but the typical radiant system failed to control the indoor conditions 
with the given ventilation requirement. The HHSR system, in particular, was able to control the 
average space temperature close to the set point and maintain the most uniform space air 
temperature among the three cases (Figure 4.15 – Figure 4.18). However, the proposed system 
required 10% more boiler energy to control the thermal environment at the typical condition in 
the steady state calculation in comparison to the radiant system with DOAS. However, this 
should be verified through annual rather than steady state simulations and the comparisons 
should be carried out at equivalent thermal comfort levels.  
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The local discomfort indices were also considered. All three cases with two different air 
supply locations can avoid occupants‘ local discomfort mainly caused by the floor surface 
temperature, the vertical temperature difference, and the draft except one case. When the 
ventilation air is delivered through side wall diffuser, it was predicted that the discomfort due to 
draft might occur at ankles of occupant in the HHSR system. 
The HHSR system was also considered as an alternative system for cooling situations. In 
comparison to the radiant system with DOAS, the proposed system can control the floor surface 
temperature and the space temperature to lower levels, but the internal space thermal 
environments for each of these cases was not considerably different (Figure 4.19 – Figure 4.21). 
All of the systems were able to create acceptable thermal environments in which less than 10% 
of the occupants would expect to be dissatisfied. Under steady state cooling conditions, the 
proposed HHSR system consumed almost 20% more chiller energy than that of the DOAS linked 
radiant system for the specified condition. Again, this trend would need to be verified with 
transient simulations and it does not account for differences in comfort levels based on surface 
and space air temperatures for these two systems. 
This chapter also investigated the performance of the proposed system using the passive 
cooling strategy of night ventilation during cooling season. In this situation, outside air was 
circulated through the slab before being delivered through the space. Comparing this method to 
the conventional night ventilation method which delivers the outdoor air into the space directly, 
the proposed system configuration enhances the heat transfer rate by a factor of 14 over the 
conventional system. This results in the space and slab temperature being maintained at a lower 
temperature (2.1 °C lower) than that the conventional nighttime ventilation system which will 
reduce the cooling demand during the occupied hours. 
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From the results of this chapter, it has been shown that the proposed system that was 
outlined in the previous chapter can provide an acceptable indoor thermal environment for both 
heating and cooling operation and the system can be used to take advantage of the lower 
nighttime temperature of the outdoor air more effectively. While the numerical analysis was 
conducted on a typical geometry and outdoor air condition, and the numerical simulation method 
is powerful tool for investigating the local thermal environment in detail, it also has several 
limitations such as large computing power and time requirements and a high level of complexity 
to control the parameters that are necessary to study various building and outdoor environmental 
conditions.  
Therefore, it is necessary to develop a tool which can model different building geometries 
and operation conditions under different climatic conditions to characterize the HHSR system 
performance more generally. Based on the numerical analysis in this chapter, the development 
and validation of an energy simulation model for a whole building annual energy simulation 
program will be carried out in the next chapter. That chapter will then lead into validate study of 
how the proposed system will perform for various building types and climatic conditions under 
transient conditions. 
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Figure 4.15 Vertical air temperature distribution under heating design conditions with a 
ceiling supply air location (X=1m) 
 
 
 
Figure 4.16 Floor surface temperature under heating design conditions with a ceiling 
supply air location (Y=0.03m). 
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Figure 4.17 Vertical air temperature distribution under heating design conditions with a 
wall supply air location (X=1m) 
 
 
 
Figure 4.18 Floor surface temperature under heating design conditions with a wall supply 
air location (Y=0.03m). 
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Figure 4.19 Vertical air temperature distribution under cooling design conditions with a 
ceiling supply air location (X=1m) 
 
 
Figure 4.20 Floor surface temperature under cooling design conditions with a ceiling 
supply air location (Y=0.3m) 
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Figure 4.21 Vertical air temperature distribution under cooling design conditions with a 
wall supply air location (X=1m) 
 
 
Figure 4.22 Floor surface temperature under cooling design conditions with a wall supply 
air location (Y=0.3m) 
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Chapter 5. Development of a Transient Analysis Model of the HHSR 
System for a Whole Building Energy Simulation Program 
 
Using the numerical analysis of computational fluid dynamics, the hybrid heat source 
radiant (HHSR) system was evaluated in the previous chapter by comparing it to a traditional 
radiant system and a radiant system with a dedicated outdoor air system. Even though the 
numerical analysis based on the finite element volume method is useful to investigate a detailed 
indoor thermal environment and the temperatures of the heat transfer media under certain 
conditions, several limitations make it difficult to evaluate the system performance in general 
and in particular under transient conditions.  
One of the most challenging aspects of using CFD analysis is its need for very high 
computing power to model a space or a building. The ability of CFD analysis to incorporate such 
concerns as multiple spaces, increased total mesh or volume numbers, and complex calculation 
models are very restricted by the power of the computer being used for the analysis. In general, 
this means that it generally not possible to model an entire building for an entire year using CFD 
analysis on current commercially available desktop computers. Therefore, CFD analysis cannot 
be used to consider the transient response of a building and its affiliated HVAC systems. 
Another issue is that the numerical method is only focused on the internal fluid 
conditions of a domain such as fluid temperature, velocity, and surface temperatures. It is useful 
to investigate the system performance about a single space and steady state conditions but it is 
not sufficient to determine the overall system characteristics from the perspective of a whole 
building energy study. The total energy consumption is affected not only by the internal thermal 
condition, but also by the operating conditions of HVAC components such as the supply fan, the 
heating and cooling coils, and the plant equipment. 
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Due to the limitations describe above, it is necessary to develop an alternative tool to 
evaluate the system performance for whole building annual energy consumption. The main 
purpose of this chapter is to outline the creation of a transient analysis model for the HHSR 
system to investigate the indoor thermal environment and energy consumption characteristics 
under transient conditions and incorporate this model with a whole building energy simulation 
program so as to perform annual simulation with the model 
5.1 Overview 
 
In this chapter, a transient model, which can be implemented in the whole building 
energy simulation program EnergyPlus, is presented as a tool to investigate the annual energy 
consumption pattern of the proposed system. Using the heat exchange characteristics of the 
concentric tube heat exchanger in a radiant panel, three hybrid heat exchanger calculation 
methods will be presented and evaluated. After considering the implementation potential and 
reliability of the result of these models, one analysis model will be selected for inclusion in the 
EnergyPlus, building energy simulation program which is an integrated whole building annual 
energy simulation program supported by U.S. Department of Energy. Comparing the model 
simulation which has the same conditions of the CFD analysis model based on the finite element 
volume method in the previous chapter, the developed hybrid heat exchanger methods will be 
evaluated for its accuracy. In addition, this chapter will also discuss on the capabilities of the 
new HHSR system simulation model within EnergyPlus.  
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5.2 Building annual energy simulation program for the HHSR system 
Most whole building annual energy simulation programs can provide transient data for 
space temperatures and the energy consumption of a HVAC system of a building on an annual, 
day, hourly, and/or even sub-hourly basis. By allowing the user to input the building description, 
the HVAC system data and the weather file, these programs have the capabilities to simulate 
annual energy consumption and calculate the thermal environment of buildings which can have 
various geometrical shapes, occupancy types, and mechanical operating conditions.  
However, it was not possible to simulate the HHSR system on an annual basis before this 
study began because the system proposed by this dissertation is a newly developed by this study, 
and thus there is no an existing model for this system within any energy simulation program. 
Therefore, a numerical model tool of the HHSR system for a whole building annual energy 
simulation is essential to verify the system performance and to assess the potential for 
implementing this system with various building types and climate conditions. 
Among various whole building energy simulation programs, EnergyPlus was selected as 
the annual system performance investigation tool for this study. The program is an integrated 
building energy analysis program sponsored by U.S. Department of Energy. It combines the best 
features and capabilities of DOE-2 and BLAST and numerous additional features which make its 
simulation capabilities much more rigorous and complete that the two predecessor programs. 
The first version of the program was released in 2001 and the current version, V6.0, is widely 
used for building energy simulation and HVAC optimization. It has been also validated by 
various testing protocols including IEA BESTest building load and HVAC tests (NREL, 2003). 
Besides its simulation capabilities and accuracy, its flexibility is one of main reason to 
select EnergyPlus. According to EnergyPlus program documents, it is composed of program 
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modules that incorporated with each other to calculate the heating and cooling energy for a 
building with various types of systems and energy sources as illustrated in Figure 5.1. It is also a 
modular simulation program designed to model the performance, energy consumption, and 
pollutant production of a building. This program can model heat transfer through exterior wall, 
internal heat gain, and all the HVAC equipment used to heat and cool the building. The program 
is also designed for ease of development and to be available to public its source, so that it allows 
a potential developer who can contributes to EnergyPlus and overall structure is suitable to make 
it possible (DOE, 2010). 
When a new HVAC model is developed by the program guidelines, it is relatively easy to 
link other modules to the main modules of the program to control the overall simulation process 
like other existing system simulation modules as shown in Figure 5.2.  
 
 
Figure 5.1 Overall structures of EnergyPlus (DOE, 2010) 
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Figure 5.2 Internal elements of EnergyPlus(DOE, 2010). 
 
5.3 Development of a transient analysis model for the heat exchanger 
It is necessary to define a new model for the whole energy simulation program based on 
the heat transfer characteristics of the HHSR system. A key feature of the hybrid heat source 
radiant (HHSR) system is that the primary heat transfer medium, water, heat exchanges heat with 
both the slab and the air side of the tube. This means two heat exchanges occur at the same time 
from the slab and the air to the water as illustrated in Figure 5.3. The heat energy gain or loss to 
the main heat transfer medium can be described as the amount of heat exchange with the slab 
and the air tube as follows: 
                                                                                   (5-1) 
Where,      is the heat transfer between water and air in the concentric tube heat exchanger, 
and       is that between the water tube and the slab. Although the two heat transfers occur 
simultaneously, there currently does not exist any heat exchanger methodology to model this 
situation and, as will be pointed out in this chapter, a decoupled simulation algorithm might be 
effective for an energy simulation program.  
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Figure 5.3 Cross-sectional diagram of heat exchanges between the fluids in the 
concentric tubes and the slab 
 
5.3.1 Conduction heat transfer functions (CTFs) for a radiant panel including heat 
source/sink terms 
When one only considers the heat exchange between the water tube and the slab, it is a 
fairly traditional radiant system with an embedded heat sink or source in a thermal mass in 
EnergyPlus. Strand developed a low temperature radiant system model based on conduction 
transfer functions (CTFs) and heat source transfer functions (QTFs) for EnergyPlus (Strand R. 
K., 1995).  
The radiant slab itself is a heat exchanger with a ―stationary‖ fluid assumed to be at a 
single temperature on one side and a water loop on the other. The stationary fluid sides relate to 
the heat balance portion of the program and have to be incorporated with the surface heat 
balances. A heat exchanger formulation merges the two sides as in the following description. 
The standard conduction transfer function (CTF) formulation of heat conduction through 
a surface can be adapted to include the effect of an internal heat source/sink. This leads to the 
following equation which is used for the inside surface heat balance: 
Slab 
Water 
Air 
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                      (5-2) 
A similar equation can be established for the outside surface heat balance 
     
               
 
   
           
 
   
 
          
   
   
                 
 
   
   (5-3) 
Additionally, the temperature at the source/sink location can be characterized by a similar 
equation: 
                  
 
   
           
 
   
 
          
 
   
                 
 
   
 (5-4) 
In Equations 5-2 to 5-4,              and   are CTF coefficients that are calculated 
once at the beginning of a simulation for each unique surface construction. The V, W, and   
terms are heat source transfer function (QTF) coefficients that allow the evaluation of the 
response of a building element to an embedded heat source or sink. Coefficients, temperatures, 
and fluxes at time (t) are for the current moment in time while other terms in the series are from 
previous times and are known as a result of simulation. 
Although these equations serve as the basis for the actual heat balance solution for a 
particular radiant system, they are not enough information to solve for thermal characteristics of 
radiant system at a given point in time. Therefore the heat balance equations require the heat 
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which is transferred from the water loop to radiant surface in order to calculate the heat 
transferred from the surface to the space. 
For modeling purposes, the overall water/slab system can be thought of as a heat 
exchanger. While there are two alternative heat exchanger methods in principle, it is more 
convenient to use the effectiveness    -NTU model in this case. The key assumptions and 
characteristics of the system that have been incorporated into the heat exchanger model are as 
follows: 
 
 The building element that contains the water cavities is stationary and that its temperature 
along the length of the cavities is constant. 
 The fluid in the cavities is water. 
 The thermal properties of the water do not vary significantly over the length of the 
cavities. 
From these assumptions and using an -NTU heat exchanger approach, a heat transfer rate 
from the water loop to the slab can be calculated using: 
                                                                              (5-5) 
The maximum possible heat transfer rate that is possible according to the Second Law of 
Thermodynamics is expressed as: 
                                                                           (5-6) 
Where,            is the maximum amount of energy transfer that is possible and    the 
temperature at the source location. The effectiveness of the heat exchanger,  , is defined as the 
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ratio of the actual heat transfer rate for the heat exchanger(       to the maximum possible heat 
transfer rate(          ) and is calculated by: 
  
     
          
                                                                     (5-7) 
In the case of a heat exchanger where one fluid is stationary,   can be determined by the 
following relationship with NTU: 
              (5-8) 
NTU in the above equation is defined as : 
    
  
               
     (5-9) 
Since Ts is the inside surface temperature of water cavities, UA in the NTU equation consists 
simply of a convection term. Thus, UA can be expressed as: 
              (5-10) 
The convection coefficient can be obtained from internal flow correlations that relate the Nusselt 
number to other flow properties. For laminar flow in a circular cavity of constant surface 
temperature, the Nusselt number is given as: 
    
  
 
                             (5-11) 
For turbulent internal flow, the Colburn equation can be applied to define the Nusselt number as: 
    
  
 
          
   
  
 
 
         (5-12) 
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Where,  and   are thermal diffusivity and kinetic viscosity of water, respectively and     is the 
Reynolds number is defined by: 
    
        
   
     (5-13) 
For internal circular pipe flow, the flow is assumed to be turbulent for        . 
The water properties in the system allow Equations 5-7 to 5-13 to be calculated. This 
fixes the value for   which can be used to relate Equations 5-5 and 5-6 to each other. The water 
mass flow rate and inlet temperature leaves two equations (5-5 and 5-6) and three unknowns. 
The third equation that can be used in conjunction with Equation5-5 and 5-6, is Equation5-4. 
From the equation 5-6 to 5-8, the only terms which are not defined are the inside and 
outside surface temperatures ((  ), (  )) and the internal heat source/sink ( 
    of the current time 
step because most of the terms are already defined since they depend on known variables from 
previous time steps (temperature, flux, and source histories). One can summarize the situation by 
hiding some of the complexity for the purpose of deriving equations to solve the system of 
equations at hand.  
              
      (5-14) 
              
             (5-15) 
              
               (5-16) 
Equations 5-14 and 5-15 above can each be solved to remove the other surface temperature. 
Then substituting these new equations for    and   as a function of   and  
   into the equation for 
        and simplifying, one obtains the following equation: 
              
       (5-17) 
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   (5-18) 
      
                       
      
    (5-19) 
Combining this with the heat exchanger analysis as described above, we eventually arrive at the 
following equation to relate the flux to the slab to the water inlet temperature and mass flow rate: 
    
            
 
  
     
 
                   
    (5-20) 
From the CTF and QTF formulation, we can now define the heat flux between the slab and the 
water tube, then the heat transfer between air and water tube of the concentric tube heat 
exchanger can be considered. 
 
5.3.2 Heat exchanger analysis for the concentric tube 
  Concentric tube heat exchangers are the simplest of all heat exchangers and widely used 
in various fields but the analytical study of such heat exchangers presented in most textbooks 
only assess the case of perfect insulation around the outer tube resulting in an adiabatic condition 
at the outside surface of the outer pipe(Incropera & DeWitt, 2006). Considering that in the 
system configuration of the proposed system the outer water tube contacts a slab and not thick 
insulation, the textbook solutions are not applicable to this study.   
Another possible method was presented by Prasad where the author proposed an 
analytical model for a concentric tube heat exchanger in which the outer tube is exposed to air. 
However, it is only effective under a very specific condition: the outer wall temperature is known 
(Prasad, 1987).  
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Therefore, an analytical model for a non-adiabatic concentric tube heat exchanger does 
not exist and a new approach must be developed for this study. There are three possible methods 
to analyze the heat exchanger in this study, when the heat fluxes from water tube to slab are 
defined as in the previous subsection. 
 
1) Energy Balance model based on First Law of thermodynamics 
Considering the characteristics of parallel flow condition in a concentric tube heat 
exchanger as mentioned in above, the temperatures of the two fluids might be identical at the end 
of the heat exchanger if the heat exchanger has sufficient heat exchange area and length. The 
amount of energy in the form of heat for the system can be determined by using the steady flow 
energy equation that is an application of the First Law of Thermodynamics.   
Equation 5-1, which illustrates the energy balance of the system, can be expressed by a 
thermodynamic equation with physical properties of water and air as following equation. 
 
                                                                           (5-21) 
 
Where,  and    are the mass flow rate and specific heat of water and air, respectively.    is 
temperature of each fluid at the inlet and outlet. When it assumes that the tube has a relatively 
long length to provide sufficient total surface area for heat transfer, we can establish another 
assumption that the air outlet temperature is identical to the water outlet temperature. Using this 
assumption, the air outlet temperature of the previous equation is replaced by the water outlet 
temperature to determine the outlet temperature of the heat exchanger as follows: 
 
                                                                          (5-22) 
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   (5-23) 
Where,         is the water and the air outlet temperature.  
This method is simple and powerful because it does not need any iteration to find the 
unknown variable and complex equation list to predict the fluids temperatures. Essentially, if the 
heat exchanger is long enough to give sufficient heat exchange area, both fluids temperatures are 
assumed to be identical. 
 
2) The log mean temperature difference (LMTD) model  
Another possible method to analyze this heat exchanger is to use the log mean 
temperature difference (LMTD). The LMTD is a logarithmic average of the temperature 
difference between the hot and cold streams at each end of the exchanger. The larger the LMTD, 
the more heat is transferred. When we only consider the heat transfer between inner and outer 
tube as illustrated in Figure 5.4, the application of steady flow energy equations gives: 
                    (5-24) 
and 
                    (5-25) 
Where   is the fluid enthalpy. The subscripts   and   refer to the hot and cold fluids, whereas   
and   designate the fluid inlet and outlet conditions. If it is assumed that the fluids does not 
change its phase and have constant specific heats, the equations in above can be rewritten as: 
                       (5-26) 
and 
                        (5-27) 
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Figure 5.4 Overall energy balances for the hot and cold fluids of a concentric tube heat 
exchanger 
 
 
Another useful expression may be obtained which relates the total heat transfer rate   to 
the temperature difference between the hot and cold fluids, where, 
             (5-28) 
The equation would be an extension of Newton‘s law of cooling to incorporate the overall heat 
transfer coefficient,    instead of the single convection coefficient   . However, because the 
temperature difference is varied with location in the tube, it is necessary to work with a rate 
equation of the form as follows 
            (5-29) 
Where    is an appropriate mean temperature difference and    for a concentric tube heat 
exchanger can be calculated by using following equation 
 
  
 
 
    
 
 
    
 
    
      
     
 
    
      
     
 
    
      
     
 
    
      
     
 
Heat Transfer Surface Area 
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    (5-29) 
Where subscripts   and   refer to the inner and outer tube surface (  =       =     , which 
may be exposed to either the hot or cold fluid.   and   are the convection coefficients of fluids 
and the thermal conductivity of the tube, respectively. 
To established the temperature difference (   ), it is necessary to apply an energy 
balance to each of differential elements in the hot and cold fluids. Each element is of the finite 
length (  ) and heat transfer surface area (  ). The energy balances and the subsequent alanysis 
are subjected to the following assumptions. 
 The heat exchanger is insulated from its surroundings, in which case the heat exchanges 
only occur between the hot and cold fluids 
 Axial conduction along the tube is negligible. 
 Potential and kinetic energy changes are insignificant 
 The fluid specific heats (    are constant 
 The overall heat transfer coefficient ( ) is constant 
Even if the specific heats may change as a result of temperature variations, and the overall heat 
transfer coefficient may also change due to variations in fluid properties and flow conditions, 
such variations are not significant in many applications. Therefore, it is reasonable to work with 
average values of    and   for the heat exchanger (Incropera & DeWitt, 2006).  
Applying an energy balance to each of the differential elements, it follows that 
                        (5-30) 
and 
                        (5-31) 
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Where    and   are the hot and cold fluid heat capacity rates, respectively. These expressions 
may be integrated across the heat exchanger to obtain the overall energy balances given by 
Equation 5-26 and 5-27. The heat transfer across the surface area    ) may also be expressed as  
              (5-32) 
Where,    is the local temperature difference between the hot and cold fluids. 
 To determine the integrated form of Equation 5-32, we begin by substituting Equations 
5-30 and 5-31 into the differential form of Equation 5-28. 
                   
to obtain 
          
 
  
 
 
  
  
Substituting for    from Equation 5-32 and integrating across the heat exchanger, it produces 
 
     
  
     
 
  
 
 
  
    
 
 
 
 
 
or 
   
   
   
      
 
  
 
 
  
                                             (5-33) 
Substituting for    and    from Equations 5-26 and 5-27, respectively, it follows that 
 
   
   
   
   
  
 
                           (5-34) 
We know that    =          and    =          for the parallel-flow condition of the heat 
exchanger, then the heat transfer rate of the heat exchanger is obtained 
    
       
           
     (5-35) 
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This equation requires an iterative process for the given heat exchange configuration because 
there are two unknowns (     and     ) in a single equation and     should not be a negative. 
When combined with the Equation 5-28 described above, initial guess values for the unknowns 
can be put in the equations and iterations with Newton‘s method (Al-Khafaji & Tooley, 1986) 
can be used to determine      and      when     is not less than zero boundary. Therefore, the 
overall heat transfer rate of the water tube may be calculated by Equation 5-1 and Equation 5-35, 
as follows: 
    
       
           
          (5-36) 
Even though additional iteration is needed for the parallel-flow heat exchanger, where the 
two inlet temperatures, the mass flow rate, and the thermal properties are known for the two 
fluids but the outlet condition is unknown, the method is fairly straightforward for predicting the 
fluid temperature changes with increasing tube length. 
 
3) Modified effectiveness-NTU model with decoupling method 
It is a simple matter to use the log mean temperature difference (LMTD) method of heat 
exchanger analysis when the fluid inlet temperatures are known and outlet temperatures are 
specified or readily determined from the energy balance expressions. The value of      for the 
exchanger may then be calculated. However, using the LMTD method requires an iterative 
procedure in case of the proposed model since only the inlet temperatures are known. Therefore, 
it is necessary to find an alternative approach. 
Basically, the heat transfer of the concentric tube heat exchanger in this study can also be 
analyzed using a typical effectiveness ( )-NTU method for two fluids. In contrast of the previous 
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 -NTU model to calculate the heat flux from the water tube to slab, there are two different 
features for the heat exchanger model. 
One potential solution concept might be to handle the overall heat transfer of the system 
separately and superimposing the heat exchange between the water and the slab and the heat 
exchange between the water and the air. Besides the assumptions of the LMTD analysis for the 
concentric tube heat exchanger, we can put another assumption that the water outlet temperature 
due to heat exchange from slab to water is assigned the water inlet temperature for the heat 
transfer between water and air as shown Figure 5.5. 
 
 
Figure 5.5 Schematic diagram of the analysis method for the developed system 
Slab 
Water 
Air 
Water 
Slab 
Slab 
Water 
Air(Adiabatic) 
Water 
Slab 
Slab(Adiabatic) 
 
Water 
Air 
Water 
Slab(Adiabatic) 
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In other words, the concentric tube heat exchanger which embedded into the slab analysis 
in this section has several assumptions and calculation procedure as follows, 
1. During the first segment of the heat exchanger calculation, water exchanges heat with the 
slab through the outer tube and the boundary between the water and the air is assumed to 
be adiabatic. 
2. As a result, the amount of heat transfer between the water and the slab can be calculated 
using the existing CFT/QTF formulations. This provides an estimate for the water outlet 
temperature. 
3. Second, we consider the heat transfer in the concentric tube heat exchanger between the 
air and water tubes with an adiabatic condition between the slab and the water. Before 
conducting the heat exchanger analysis, the inlet condition of the water tube for the heat 
exchanger is assumed that it is to be the outlet condition of the first procedure. 
4. Finally, the thermal properties of the air outlet is defined by a second applications of the 
effectiveness( )-NTU method. 
 
The development begins with the maximum possible heat transfer rate (    ) which is 
determined by the heat capacity rates ( ) of the hot and cold fluids not by the source 
temperature. To illustrate this point, consider a condition for which,      , in which case, the 
maximum possible heat transfer rate is 
                      (5-37) 
Similarly, if       ,  
                      (5-38) 
From these two formulations, we can simplify this situation to the general expression: 
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                        (5-39) 
Where      is equal to   or  , whichever is smaller between. 
The equation to define the relationship between the effectiveness and NTU is also 
different for the second heat exchanger calculation. Because the heat capacity rate ratio (  , 
    
    
  is not zero, the effectiveness for the parallel-flow concentric tube heat exchanger is 
calculated by the following equation(Incropera & DeWitt, 2006): 
 
  
      -          
    
    (5-40) 
According to the definition of the effectiveness, this dimensionless value must be in the range 
     . Once the effectiveness is defined, the known inlet temperature of hot and cold fluids 
can be used to calculate the actual heat transfer rate may from the following equation: 
                      (5-41) 
Considering the fluid types of the heat exchanger of the proposed model and the heat 
capacity of two fluids,      will typically be the heat capacity of air which is passing through the 
internal tube. At the standard condition, 20 °C and 101.325 kPa(EPA, 1990)(NIST, 2003), the 
heat capacity of water, 4.183 kJ/kgK, is almost four times higher than that of air, 1.006 kJ/kgK 
when the both fluids have the same mass flow rate at the standard condition temperature and 
pressure condition. In general, these values are not significantly different with reasonable 
variations in temperature. This means that the heat transfer between water and air tube in the heat 
exchanger will be depend more on the water temperature condition.  
Considering the thermal properties of the water and the radiant slab of the proposed 
system, we expect that the water temperature will be dominated by the slab condition. For the 
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given building geometry of the sample space in chapter 4, the heat capacity of the slab and the 
water are calculated to be 436.7 J/K and 11.07 J/K, respectively, as illustrated in Table 5.1.  
Therefore, the overall heat transfer rate of the water is defined by the equation below 
which is based on these assumptions. This analysis method removes iteration from the process to 
calculate the water and air outlet temperatures at the given conditions. 
                                            
                                                                         (5-42) 
 
Table 5.1 Thermal properties of concrete and water 
Material Volume 
[m3] 
Density 
[kg/ m3] 
Total mass of 
the system [kg] 
Specific heat 
[kJ/kgK] 
heat capacity 
[kJ/K] 
Slab(Concrete) 0.24 2400 1) 545.9 0.8 436.7 
Water 0.0026 998.2 2.646 4.183 11.07 
1) Engineering handbook (Dorf, 1996) 
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5.4 Evaluation of the developed simplified numerical models for the heat 
exchanger embedded into slab 
Once any computational model is developed such as ones described in the previous 
section, it must be subjected to a process of validation to obtain some level of confidence in the 
model. This section illustrates the validation process of the three semi-numerical models for the 
proposed system and selects one of the methods for implementation into a whole building energy 
simulation program. 
In order to compare the result of the semi-numerical models described the previous 
section, a computational fluid dynamics (CFD) model based on the finite element method was 
created as illustrated in Figure 5.6. The geometry is a 15m long straight concentric tube with two 
fluids, air and water, separated by a polyethylene cross linked tube (0.002m, thickness). The 
diameter of air water channel is 0.015 m and 0.034 m, respectively. All geometric parameters of 
the concentric tube heat exchanger are equal to the heat exchanger used for the building model in 
Chapter 4. The outer surface of the water tube is regarded as a boundary which is embedded into 
the slab, so the heat flux on the surface can be manipulated to reflect heat transfer conditions 
from the slab to the water tube.  
Fluid conditions for this validation process are based on the defined variables for the 
building model in the previous chapter, Chapter 4. The mass flow rate of air and water are set to 
0.004125 kg/s and 0.06 kg/s, respectively. The inlet temperatures of the air and water are -17.3 
°C and 30 °C for heating condition, and 31.5 °C and 20 °C for cooling condition, respectively. 
The standard     model is used for the turbulence model and buoyancy and radiation 
effects in each tube are negligible. 
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Figure 5.6 CFD model for the concentric tube heat exchanger 
 
5.4.1 The concentric tube heat exchanger in adiabatic condition 
When the outer surface of the water tube is under adiabatic conditions, which means that 
there is no heat transfer from the outer surface of the water to the slab, the proposed semi-
numerical models would be the same as a typical heat exchanger analysis models as the LMTD 
and ε-NTU analysis model as defined with the literature. The purpose of this test condition is to 
validate the CFD model by comparing results to the standard heat exchanger model. Once the 
numerical model can be evaluated with the typical models, the model will be used as a kind of 
benchmark model to evaluate the result of the semi-numerical model under non-adiabatic 
condition. 
Figure 5.7 and Figure 5.8 show the fluid temperatures calculated by all models along the 
tube length under adiabatic conditions at the outer surface of the water tube. There is no the heat 
exchange except between the water tube and the air tube. Even though the predicted 
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temperatures of air are not identical at the earlier part of tube, these differentials might occur due 
to different modeling assumptions and calculation process. However, the predicted water and air 
temperature at the end of the heat exchanger are identical in each model at 29.42 °C for heating 
and 20.14 °C for cooling as illustrated in Table 5.2.  
In addition, there are no significant differences for the required tube length to reach the 
identical temperature between the numerical model and the semi-numerical model. When the 
heat exchanger is longer than 7.5m, this is sufficient to get the same fluid temperatures. Based on 
the fluids temperature at the tube outlet and the temperature changes throughout the tube, the 
CFD model agrees with the standard heat exchanger model as expected. This, then, means it can 
be used as a base model for non-adiabatic case with more confidence. 
 
Table 5.2 Comparison the result of fluids temperature under the adiabatic condition 
 
 Modified LMTD Modified NTU Energy Balance CFD 
Heating 
Water Outlet 
[°C] 
29.42 29.42 29.42 29.40 
Air Outlet 
[°C] 
29.42 29.42 29.42 29.40 
Cooling 
Water Outlet 
[°C] 
20.14 20.14 20.14 20.15 
Air Outlet 
[°C] 
20.14 20.14 20.14 20.15 
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Figure 5.7 Fluid temperatures along the heat exchanger length under heating conditions 
(adiabatic at the outer surface of the water tube) 
 
 
Figure 5.8 Fluid temperatures along the heat exchanger length under cooling conditions 
(adiabatic at the outer surface of the water tube) 
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5.4.2 The concentric tube heat exchanger under non-adiabatic conditions 
As illustrated in Chapters 3 and 4, the concentric tube heat exchanger is embedded in the 
thermal mass. The outer tube of the heat exchanger is in contact with the slab so that the heat 
transfer between the outer tube surface and the slab must be considered and in practice is 
definitely not adiabatic. 
When the outer surface exchanges heat with the slab under heating conditions, the 
predicted tube outlet temperature and the fluids temperature changing along the tube length are 
illustrated in Figures 5.9 to 5.13. The heat flux to the slab varies in these cases from 100 W/m
2
 to 
900 W/m
2 
for heating and
 
cooling condition. The results of the proposed simplified numerical 
models are in agreement with the numerical method based on CFD results.  
As was seen for the adiabatic condition, the temperature difference between the water and 
the air is larger for the semi-numerical models at the earlier part of the tube but decays rapidly 
with increasing the tube length. When the temperature difference approaches zero 
asymptotically, the air temperature moves with the water temperature changes because the water 
temperature condition dominates the air temperature. The water temperature drop is in 
proportional to the heat flux to the slab from the outer tube surface.  
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Figure 5.9 Fluid temperatures along the heat exchanger length under heating condition            
(q=-100W/m
2
) 
 
 
Figure 5.10 Fluid temperatures along the heat exchanger length under heating 
conditions            (q=-300W/ m
2
) 
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Figure 5.11 Fluid temperatures along the heat exchanger length under heating condition 
(q=-500W/ m
2
) 
 
 
Figure 5.12 Fluid temperatures along the heat exchanger length under heating condition 
(q=-700W/ m2) 
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Figure 5.13 Fluid temperatures along the heat exchanger length under heating condition 
(q=-900W/m
2
) 
 
For the CFD model under non-adiabatic conditions, the outlet temperatures of water and 
air are somewhat different, while the proposed models and thermodynamic model have the water 
and the air at an equal temperature. This is caused mainly by the calculation algorithm and 
number of data points.  Since CFD calculates the temperature of each finite volume element, the 
element located the near outer surface will be affected by the heat flux from the slab more than 
the internal element in the water tube. In addition, the result of the simplified numerical methods 
are based on the overall tube section but the CFD model collects temperature data at the shared 
coaxial point for air and the middle of the water tube.  
Table 5.3 shows a sectional temperature differences at the end of the heat exchanger. As 
the heat flux in the outer tube increases, the temperature differential between the inner and outer 
elements of the water tube increases. However, if looking at the fluid temperature averaged over 
the section both fluids have roughly the same temperature.  
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Table 5.3 Outlet temperature distributions of the both fluids in the CFD Model (Heating) 
q’=0 
Water outlet =29.42, Air outlet =29.42 C 
q’=100W/m 
Water outlet =29.08, Air outlet =29.08 C 
  
q’=300 W/m 
Water outlet =29.39, Air outlet =29.46 C 
q’=500 W/m 
Water outlet =27.71, Air outlet =27.84 C 
  
q’=700 W/m 
Water outlet =27.04, Air outlet =27.22 C 
q’=900 W/m 
Water outlet =25.53, Air outlet =26.24 C 
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Figure 5.14 to 5.18 illustrate the tube outlet temperatures of both fluids and temperature 
changes with increasing tube length under cooling conditions. The results are similar to the 
heating results—the numerical and simplified numerical results are in agreement with each other. 
The water and air temperatures are identical at 6.5m from the inlet position and, after the 
zero asymptotical point, both temperatures increased linearly at the same rate depending the 
outer surface heat flux condition. Even though the heat flux at the outer tube surface is increased 
up to 900W/m
2
, the temperatures of each fluid are the same at the end of the tube. This means 
that the temperature condition of air, which has a low heat capacity, is especially dependent on 
the water temperature. The temperature changes of the water are also related to the heat transfer 
rate with the slab which has a higher heat capacity than the water.  
As shown for the heating condition, the terminal outlet temperatures of water and air are 
somewhat different in CFD results,  
Table 5.4 also shows the sectional temperature differences at the end of the heat 
exchanger. As the heat flux at the outer tube surface increases, the temperature differential 
between the inner and outer elements of the water tube increases. However, the fluid temperature 
differential averaged over the section nearly identical temperature conditions between the water 
and the air. 
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Figure 5.14 Fluid temperatures along the heat exchanger length under cooling condition 
(q=100W/m
2
) 
 
 
Figure 5.15 Fluid temperatures along the heat exchanger length under cooling condition 
(q=300W/m
2
) 
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Figure 5.16 Fluid temperatures along the heat exchanger length under cooling condition 
(q=500W/m
2
) 
 
 
Figure 5.17 Fluid temperatures along the heat exchanger length under cooling condition 
(q=700W/ m
2
) 
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Figure 5.18 Fluid temperatures along the heat exchanger length under cooling condition 
(q=900W/m
2
) 
 
Considering the results under various heat flux conditions during heating and cooling 
operation, all models predicted nearly the same fluid temperatures within acceptable error 
ranges. In addition, the water and air outlet temperatures are essentially identical at the end of the 
heat exchanger regardless of the level of heat flux from the slab. The required heat exchanger 
length to achieve identical fluid temperatures was also fairly close to each other.  
This means that the proposed simplified numerical models, based on the LMTD and ε-
NTU methodologies, are appropriate for modeling the developed radiant system, which uses an 
embedded concentric tube heat exchanger, comparing results between the first thermodynamic 
energy balance method and the CFD model using numerical analysis. 
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Table 5.4 Outlet temperature distributions of the fluids in the CFD Model (Cooling) 
q’=0 
Water outlet =20.15, Air outlet =20.15 C 
q’=100 W/m 
Water outlet =20.45, Air outlet =20.45 C 
  
q’=300 W/m 
Water outlet =20.15, Air outlet =20.09 C 
q’=500 W/m 
Water outlet =21.83, Air outlet =20.7 C 
  
q’=700 W/m 
Water outlet =22.49, Air outlet =22.31 C 
q’=900 W/m 
Water outlet =23.06, Air outlet =22.95 C 
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Although the predicted fluid temperatures by energy balance method has the same result 
of other models, it does not now allow tracking temperature changes along the tube length due to 
the assumption that the air outlet temperature is always equal to the water outlet temperature. 
This method is powerful and simple, but it would fail to reliably predict when the tube length is 
not long enough to exchange heat fully between the water to the air. 
In contrast, the LMTD method can not only calculate the outlet temperature of fluids, but 
it also predicts the temperature changes as the tube length increases. However, this method has a 
key negative aspect that prevents its implementation into a whole building energy simulation 
program which requires both accuracy and efficiency from the simulation. If only the inlet 
temperatures are known as would be the case in the concentric tube heat exchanger in the 
proposed radiant system, use of this method requires iteration processes. The additional iteration 
to calculate the outlet temperatures in the heat exchange significantly reduces the program 
efficiency to calculate the indoor thermal conditions and the energy consumption for building.   
The iterative characteristics of the LMTD method could be eliminated by using the ε-
NTU method. From knowledge of the heat exchanger type and size and the fluid flow rates, the 
NTU and heat capacity ratio values may be computed and ε may then be determined from the 
appropriate equation. Considering the accuracy and efficiency, the ε-NTU model has been 
selected as the best option for implementation into a whole building annual energy simulation 
program. 
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5.5 Implementation of the proposed model into a whole building annual 
energy simulation model 
The numerical heat exchanger model for the proposed system for a building energy 
simulation program was defined in the previous section, and it is necessary to integrate this 
model into the simulation program. In this section, the procedure for constructing the module is 
described and evaluated by comparing the result from the energy simulation program with the 
CFD model used in the Chapter 4. 
 
5.5.1 Programming the proposed model for the energy simulation program 
As with other modules for HVAC system simulation in EnergyPlus, the energy 
simulation model of the proposed system is composed of several subroutines in the program 
language Fortran 90. When it is successfully constructed sharing input and output data with other 
modules, the integrated simulation manager in EnergyPlus can control the appropriate operation 
of the model.   
Figure 5.19 shows the overall flow chart of the energy simulation model for the HHSR 
system and its interactions with the main energy calculation modules in EnergyPlus. Based on 
the user input file for building description and weather data, the program, at first, predict the 
zone thermal load and space air temperature at a particular time using zone condition calculated 
at the previous time step. If the HHSR system is used as the HVAC system of a specified zone, 
the proposed module starts by calculating total system energy required to make the desired space 
thermal condition which is defined in the input file and produces various system output data.  
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Figure 5.19 Flow chart of the energy simulation module for the HHSR system in a whole 
building annual energy simulation program 
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When the simulation module finishes its calculations, the simulation manager of 
EnergyPlus updates the zone thermal environment. It also calculates and produces data for the 
thermal properties of the heat media and the system energy for heating and cooling. These output 
data will be used as input information for the next time step simulation. 
Figure 5.20 shows that the actual input data set for the energy simulation program. The 
input for the proposed system is composed of a hydronic radiant system part and a concentric 
tube heat exchanger part.  
 
 
Figure 5.20 Actual input description file (IDF) for the HHSR system in EnergyPlus 
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If there is no missing data for required inputs and properties, the next routine initializes 
the variables for the system simulation at the specific time step. If the input file indicates that the 
size of the system is to be defined by the design day conditions, the sizing routine operates to 
establish the cooling and heating capacity of the system.   
The key routine of the system simulation is the system calculation routine. The routine 
defines whether the HHSR system is operating or not, based on the system control logic which is 
also defined by user input file. There are three modes of operation: Heating, Cooling, and 
Ventilation Only mode. The Heating and Cooling modes act to heat or cool the space based on 
the zone thermal load. The water flow rate of the system is controlled by a linear relationship to a 
control temperature which is defined by user input and inlet temperature range. When the system 
is operating in those modes, it also considers the ventilation requirement of the space. In the 
Ventilation Only mode, the model keeps the primary heat medium (water) stationary and outdoor 
air flows through the inner tube of the concentric heat exchanger. 
The system component calculation routine solves the HHSR system based on how much 
fluid, water or air, is supplied to the system and conditions of the fluids. Using the heat 
exchanger formulation, the conduction transfer coefficients, and heat source transfer coefficients 
as described in previous section, it calculates the heat flux, from the water tube to slab, based on 
the water or air inlet conditions and flow rate of the fluids. In the case of the Ventilation Only 
mode, the system regards the outdoor air as the primary heat medium in the slab, although the 
actual heat transfer occurs through water tube to the slab. It is probably clear that the water in the 
tube changes temperature, and this might have an effect on the system performance when it 
begins circulating again. However, the water is considered stationary, and it is assumed that there 
is no internal natural convection due to the surface temperature difference between the inner and 
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outer surface of the water tube. Under these assumptions, the heat transfer through the water is 
by conduction only (ISO, 1993). This means that the additional resistance of the water should be 
considered when calculating the overall heat transfer coefficient. The equation 5-29 is modified 
as shown in Equation 5-30 but the other procedures for calculating the NTU is the same as when 
the water is the primary heat transfer medium.  
 
   
 
               
    
                
         
   
               
        
 
   (5-30) 
 
Where,   is conductivity of air, water, and tube,         is the Nusselt Number of the air, and 
      is an outer diameter of the tube. Once this is determined, the surface heat balance is 
recalculated to reflect this heat addition for heating or heat subtraction for cooling.  
As discussed in the previous section, the next calculation in the sequence is to determine 
the heat exchange rate between water and air tube after calculating the heat transfer between slab 
and water tube when in either heating or cooling mode. The Update routine defines the air outlet 
thermal properties such as temperature and humidity ratio using the developed transient model 
shown in the previous section. In addition, it determines the amount of the water condensation in 
the air tube when the outdoor air has high humidity ratio and the air outlet temperature is lower 
than the dew-point temperature of the inlet air. Existing psychometric functions in EnergyPlus 
can define the dew-point temperature of the outdoor air using the temperature and humidity ratio. 
If the predicted temperature of the outlet air is below the dew-point temperature, the outlet air 
will be in the saturated condition, and its relative humidity ratio will be 100%. Using the 
humidity ratio differential between the outdoor air and the air outlet air, the condensation rate 
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can be calculated. All the variables which are involved the calculation are updated to use for the 
zone heat balance and plant simulation in next time step. 
 
5.5.2 Building simulation model test 
When a new module is constructed for a new system and integrated into the building 
energy simulation program, a testing procedure is essential to investigate how it is working once 
incorporated into the program and to evaluate the output data.  
To conduct the evaluation, the single space building model described in the previous 
chapter, Chapter 4, is modeled using the building energy simulation program. This model, shown 
in Figure 5.21, has the same geometry, construction, and occupancy conditions of the CFD 
simulation. 
Three types of radiant system, typical radiant system, radiant system incorporated with 
DOAS, and the hybrid heat source radiant system, are also applied to the model as in the 
previous numerical investigation. Comparing input files for each case, the typical radiant system 
inputs are based on the existing hydronic radiant system module of EnergyPlus as illustrated in 
Figure 5.22. The radiant system with DOAS has an outdoor air handling module to conditioning 
the outdoor air to the set point temperature, shown in Figures 5.23 (a) and (b), while the HHSR 
system has additional inputs for the air path that is on the inside portion of the concentric tube 
heat exchanger as shown in Figure 5.24.  
 
138 
 
 
Figure 5.21 Building geometry model for the energy simulation 
 
 
Figure 5.22 Input file in EnergyPlus for a typical radiant system 
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(a) Dedicated Outdoor Air Unit portion 
 
 
(b) Radiant system portion 
Figure 5.23 Input file in EnergyPlus for a radiant system incorporated with a DOAS 
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Figure 5.24 Input file in EnergyPlus for the HHSR system 
 
For the heating and cooling design day, the annual energy simulation program calculates 
the mean air temperature, floor surface temperature, and water outlet temperature which were 
parameters to evaluate the system performance in the previous numerical simulation. To make an 
identical initial condition with the numerical model study, the mean air temperature of the space 
is heated at 22 °C for the heating case and cooled to 24 °C for the cooling case before operating 
each system. When the system begins to operate at the specified outdoor air temperature 
condition, -17.3 °C for heating and 31.5 °C for cooling, the simulation program calculates the 
output data under steady state conditions. 
No direct solar radiations are introduced through window like the CFD conditions but the 
overall heat transmittance coefficient of the window is the same as for the numerical model. In 
addition, the amount of internal loads from people, lighting, and equipment is identical to the 
simulation description in the previous chapter. Except for the supply air distribution method, all 
the input variables are designed to be identical to the input for the CFD model. Currently, 
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EnergyPlus does not have a method to define where the air is coming into the space and its 
impacts on the indoor thermal environment, so this is not factored into this analysis. 
Table 5.5 and Table 5.6 show a comparison of the energy simulation output data 
alongside the numerical simulation data for heating and cooling on system design day. The CFD 
results are the average temperature of finite elements in the data acquisition regions, while the 
output of EnergyPlus is based on the overall temperature condition of the space, radiant system, 
and water tube.  
 
Table 5.5 Comparison of the steady state result of EnergyPlus with the CFD model for 
heating conditions 
  Typical DOAS+RAD HHSR 
Space 
Temperature 
CFD Output 
Ceiling 16.49 19.82 20.4 
Side wall 15.27 19.84 20.99 
EnergyPlus output 17.4 19.39 19.71 
Differential 
(oC) 
Ceiling 0.91 -0.49 -0.69  
Side wall 2.13 -0.45  -1.28  
Floor 
Temperature 
CFD Output 
Ceiling 17.03 25.5 26.3 
Side wall 13.08 19.73 20.91 
EnergyPlus output 22.35 22.29 22.51 
Differential 
(oC) 
Ceiling 5.26  -3.21  -3.79  
Side wall 9.27 2.56   1.60  
Water Outlet 
Temperature 
CFD Output 
Ceiling 29.17 28.75 28.63 
Side wall 29.12 28.7 28.65 
EnergyPlus output 28.67 28.17 27.77 
Differential 
(oC) 
Ceiling 0.50  -0.58  -0.86  
Side wall 0.55 -0.53  -0.88  
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Table 5.6 Comparison of the steady state result of EnergyPlus with the CFD model for 
cooling conditions 
  Typical DOAS+RAD HHSR 
Space 
Temperature 
CFD Output 
Ceiling 23.68 25.94 25.9 
Side wall 26.49 25.59 25.39 
EnergyPlus Output 26.34 26.11 25.41 
Differential 
(oC) 
Ceiling -0.04  0.17  -0.49 
Side wall -0.15  0.52  0.02  
Floor 
Temperature 
CFD Output 
Ceiling 24.84 24.83 25.02 
Side wall 24.81 23.96 22.98 
EnergyPlus output 23.85 24.07 23.61 
Differential 
(oC) 
Ceiling -0.99  -0.76  -1.41  
Side wall -0.96  0.11  0.63  
Water Outlet 
Temperature 
CFD Output 
Ceiling 20.23 20.34 20.42 
Side wall 20.19 20.34 20.42 
EnergyPlus output 20.34 20.64 20.70 
Differential 
(oC) 
Ceiling 0.11  0.3  0.33  
Side wall 0.15  0.3  0.33  
 
For heating condition, the HHSR system provides space temperatures which were closest 
to the desired condition among three system types, whereas the water temperature is lower than 
others. This trend is exactly the same as seen in the CFD models.  
The space and floor temperature differential range between the energy model and the 
CFD model of the typical radiant system are larger than other cases. This illustrates the 
difference in the calculation method of the two models. The energy simulation model has a 
uniform air velocity and heat transfer coefficient over the space and radiant system, but the CFD 
model has different velocity and heat transfer coefficients on each individual finite element. 
Overall, the differences are generally acceptable, and the water outlet temperatures of both 
systems are in good agreement.  
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The results of cooling condition are more in agreement with each other. The HHSR 
system, similar to the heating case, can provide a space temperature that is closest to the desired 
condition and the lowest floor surface temperature among the three system types, whereas the 
outlet water temperature is higher than the other types. Overall, the temperature differential 
between the models is within one degree Celsius for the water outlet temperature.  
From the results, we can state that the proposed transient analysis model for the HHSR 
system has been successfully implemented into the whole building energy simulation program. 
Even though the energy simulation and CFD models have different calculation methods, the 
results of the two are in good agreement with each other. 
 
5.6 Summary 
In the previous chapter, the hybrid heat source radiant (HHSR) system performance was 
evaluated based on a steady state analysis for heating and cooling conditions. This was not a 
sufficient to assurance the total system performance for various building types and climate 
conditions. In response to the limitations in the literature, it was necessary to develop a transient 
model of the developed system for a whole building energy simulation. The model must be able 
to assess hourly or even sub-hourly the resulting indoor thermal environment and energy 
consumption of the system for various buildings and climatic conditions. 
In this chapter, a whole building energy simulation program, EnergyPlus, was selected by 
considering the accuracy of output and flexibility to add a new module. Using the existing 
algorithms, it can calculate the heat transfer between the radiant system and the water tube, 
which is one major thermal characteristics of the proposed system. However, it is necessary to 
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establish another analysis model for the concentric tube heat exchanger using a water and air 
tube. 
This chapter presented three types of analysis models, based on the First Thermodynamic 
Law, the log mean temperature difference (LMTD) method, and the effectiveness-NTU (Number 
of transfer unit) method. To verify the suggested models, a CFD model for the concentric tube 
heat exchanger was also constructed. With the adiabatic condition on the outer water tube, a 
typical concentric tube heat exchanger model condition, all of the models predicted nearly the 
same fluid outlet temperatures and the identical point in which the water and the air temperatures 
were equivalent. When the outer surface of the water tube was under non-adiabatic conditions, 
the predicted fluid temperatures of the terminal point of the tube were also identical between the 
models.  Based on the implementation potential in the energy simulation program and the 
calculation efficiency, the modified effectiveness-NTU method was determined to be the best 
model of the non-adiabatic concentric tube heat exchanger for the simulation program.  
Using this method, a new module for the annual energy simulation was constructed and 
implemented into the program. As with all other system analysis modules in EnergyPlus, it 
requires input data such as space geometry, zone thermal condition, system operating schedule, 
and fluid conditions. The integrated simulation manger in the program can also identify the 
HHSR system model, control the simulation procedure of the model, and manage the output 
data. 
Comparing the result of the energy simulation model with the CFD model, the main 
parameters to evaluate the system performance, water outlet temperature, mean space 
temperature, and radiant floor temperature, are in agreement with each other.  However, both the 
energy simulation model and CFD model have only evaluated the steady state condition so far, in 
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particular under heating and cooling design day conditions. To characterize the system 
performance more generally, it is necessary to analyze the annual energy consumption and 
thermal environment on an hourly or even sub-hourly basis. 
Therefore, case studies for different types of occupancy and climate will be conducted in 
the next chapter using the annual energy simulation model of the HHSR system and compared to 
the other radiant types that have been discuss in this and the previous chapter. 
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Chapter 6. Case Studies for Energy Comparisons between the HHSR and 
Other System Configurations 
Based on the developed annual energy simulation model for the proposed system in the 
previous chapter, a parametric case study was carried out for one small office building and one 
mid-rise residential building under various climate conditions.  Three different radiant systems 
including the proposed HHSR system were compared to each other from both heating and 
cooling energy consumption and an indoor thermal environment point of view. This chapter 
analyzes the implementation potential of the HHSR system into buildings under realistic 
conditions and discusses any system limitations under annual operating conditions.  
 
6.1 Overview 
In the previous chapter, a transient heat transfer analysis model for the proposed system 
was developed and implemented into the whole building annual energy simulation program 
EnergyPlus. One of the more powerful benefits of using computer simulation is the ability to 
investigate the performance of different HVAC systems for various building types and under 
differing climacteric conditions.  
Using the energy simulation model developed and verified in this study, three different 
radiant system configurations including the HHSR will be operated using a defined set of input 
parameters to meet the actual heating and cooling demands on the two different building types 
subjected to 16 different climates.  
The building energy simulation program calculates the hourly heating and cooling energy 
consumption and predicts not only hourly indoor thermal environment parameters such as mean 
air temperature and humidity level of the space and thermal comfort index, but also when the 
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system operation may be interrupted due to the potential for surface condensation and the water 
condensation rate in the air tube of the proposed system. 
After computing the building energy demand and thermal environment parameters, these 
results will be compared between the radiant system configurations and will also be analyzed for 
both energy consumption characteristics and thermal environment condition to verify the system 
capabilities of the HHSR system for actual building condition. 
These case studies will consist of 96 different cases defined by various climate condition, 
building occupancies, and radiant types as illustrated in Table 6.1. 
 
Table 6.1 Simulation conditions for the case study 
Climate types Building types Radiant systems 
 Very hot - humid 
 Very hot –dry 
 Hot-Humid 
 Warm-Humid 
 Warm-Dry 
 Warm-Marine 
 Mixed-Humid 
 Cool-Humid 
 Cool-Dry 
 Cool-Marine 
 Cold-Humid 
 Cold-Dry 
 Very Cold 
 Subarctic 
 Small sized office building 
 Mid-rise residential building 
 
 Typical hydronic radiant system 
 Typical hydronic radiant system 
incorporated with a dedicated outdoor 
air system 
 Hybrid heat source radiant system 
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6.2 Description of building energy simulation model 
There are many types of building such as office, school, retail, residence, etc. Each type 
also has different areas, shapes, building materials, and occupancies depending on the internal 
and/or external function of the building. For this reason, it is difficult to define a typical building 
model for each building type. 
Several studies have focused on creating prototypical building models. Huang, et al. 
developed a series of standard buildings models over several years and present an analysis based 
on available 1999 building data(Huang & Franconi, 1999). Over 400 prototypical commercial 
buildings were developed in this study for a market assessment of cogeneration systems. 
Other recent efforts include a set of standardized energy simulation models for 
commercial and residential buildings in the Building America Program of the Department of 
Energy (DOE) in the U.S.(NREL, 2005). These benchmark models were created to provide a 
common baseline for determining energy savings of the proposed or existing residential 
buildings using hourly energy simulation programs. The size and location of the baseline 
building are set to match the proposed building, but everything else is defined by a set of 
modeling rules. 
Using the previous study from 2005, DOE developed 15 benchmark buildings that 
represent most of the typical commercial building stock (DOE, 2008)These benchmark building 
models represent approximately 70% of the commercial building energy use based on the 2003 
Commercial Building Energy Consumption Survey (EIA, 2003). 
From this study of 15 types of benchmark models, the small single story office building 
and the mid-rise multifamily residential building were selected to investigate the system 
performance of the HHSR system under various climatic conditions. 
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6.2.1. Small Office building description 
A single story office building benchmark model was selected as one of the case studies 
for this dissertation. The building has five thermal zones which are thermostatically controlled 
and one attic space which is not conditioning. The perimeter thermal zones are designed to 
consider exposure to the exterior along each of the cardinal directions as illustrated in Figure 6.1. 
Table 6.2 and Table 6.3 illustrate the basic input data relating to the building geometry and 
internal load conditions. 
Table 6.2 Building data input summary for the office building 
Parameters Data Data Source 
Total floor Area(m2) 511 2003 CBECS, ASHRAE Small 
Office 30% Advanced Energy 
Design Guide 
Building Shape Rectangle  
Number of Floors 1  
Aspect Ratio 1.5  
Averaged Window to Wall Ratio 0.212  
Exterior Wall Type Mass wall 2003 CBECS 
Interior wall 2x4 steel-frame with 
gypsum board 
 
 DOE commercial building benchmark models(Torcellini, et al., 2008) 
 
Table 6.3 Zone data input summary for the office building 
 Core North South East West 
Area(Volume) 150(456) 113(346) 113(346) 67(205) 67(205) 
Gross Ext. Wall Area 0 84 56 84 56 
Occ. Density(m2/person) 18.58 18.58 18.58 18.58 18.58 
Lighting Power (W/ m2) 10.76 10.76 10.76 10.76 10.76 
Equipment Power (W/ m2) 10.76 10.76 10.76 10.76 10.76 
Ventilation Rate(L/s/person) 10.00 10.00 10.00 10.00 10.00 
Infiltration (L/s) 0.0 0.66 0.66 0.62 0.62 
 DOE commercial building benchmark models(Torcellini, et al., 2008) 
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Figure 6.1 Perspective building shape and thermal zones for the office building case 
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Hourly schedule data for occupancy, lighting, and equipment are illustrated in Figures 6.2 
– 6.4. The actual occupancy, lighting, or electric power level will be defined by multiplying the 
design input data in the previous table by the hourly schedule in these figures. For the office 
building, the internal load conditions are quite different between typical weekdays and weekends 
including holidays. Each schedule has three different sets of hourly conditions depend on the 
type of day in the simulation. 
Figures 6.5 and 6.6 show the heating and cooling set point temperature schedules for the 
benchmark model. The desired space temperature is set to 21
o
C for heating conditions and to 24 
o
C for cooling conditions during occupied hours. During unoccupied hours, the set point 
temperature is reset to 15.6 
o
C and 26.7 
o
C for heating and cooling, respectively.  
 
 
Figure 6.2 Hourly occupancy schedules for the office building 
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Figure 6.3 Hourly lighting schedules for the office building 
 
 
Figure 6.4 Hourly equipment or plugged power schedules for the office building 
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Figure 6.5 Hourly heating set point temperature schedules 
 
 
Figure 6.6 Hourly cooling set point temperature schedules 
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6.2.2. Mid-rise multifamily residential building 
The four-story multifamily residential apartment benchmark building was selected for the 
other case study. The apartment building is composed of a ground floor, two intermediate floors, 
and a top floor. Each floor has eight residential units with the same floor area. Individual units 
are assumed to be single thermal zones because the units can have one or two exterior walls of 
differing orientations and the units are operated and controlled differently. The building and one 
intermediate floor are shown in Figure 6.7.  
Although there are 24 apartment units in this case study building and the simulation will 
be conducted all the units, detailed analysis on the energy consumption and indoor thermal 
environment will focus on two units: the, North-East unit and the South-West unit on the 
intermediate floor. Tables 6.4 and 6.5 provide the basic input data for the building geometry and 
internal load conditions for the residential apartment building. 
 
Table 6.4 Building data input summary for the residential building 
Parameters Data Data Source 
Total floor Area(m2) 3,135 
PNNL-16770: Analysis of Energy 
Saving Impacts of ASHRAE 90.1-
2004 for the State of New York 
Building Shape Rectangle  
Number of Floors 4 Intermediate floor was multiplied 
Aspect Ratio 2.7  
Averaged Window to Wall Ratio 0.15  
Exterior Wall Type 
Steel frame 
0.4 in. Stucco+5/8 in. gypboard + 
wall Insulation+5/8 in. Gypboard 
 
PNNL-16770: Analysis of Energy 
Saving Impacts of ASHRAE 90.1-
2004 for the State of New York 
 
Interior Wall 
2x4 steel-frame with gypsum 
board 
 
 DOE commercial building benchmark models(Torcellini, et al., 2008) 
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Figure 6.7 Perspective drawing for the building and intermediate floor for the 
residential building 
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Table 6.5 Zone data input summary for NW-Unit and SW-Unit of the residential building 
 Residential Unit 
Area[m2]/Volume[m3] 88/269 
Gross Ext. Wall Area 59 
Occ. Density(m2/person) 35.30 
Lighting Power (W/ m2) 3.88 
Equipment Power (W/ m2) 5.38 
Total Ventilation (L/s) 42.46 
Infiltration (ACH) 0.14 
 DOE commercial building benchmark models(Torcellini, et al., 2008) 
 
Hourly schedule data for occupancy, lighting, and equipment are illustrated in Figures 6.8 
to 6.10. The actual occupancy, lighting, and electric power level will be defined by multiplying 
the design input value from the previous table by the hourly schedule value in these figures. 
While the internal conditions of the office building are different between weekdays and other 
days, there is no much difference between day types for the residential building in the benchmark 
model.  
 
Figure 6.8 Hourly occupancy schedules for the residential building 
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Figure 6.9 Hourly lighting power schedules for the residential building 
 
 
Figure 6.10 Hourly equipment schedules for the residential building 
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Figure 6.11 Heating set point temperature schedule for the residential building 
 
 
Figure 6.12 Cooling set point temperature schedule for the residential building 
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6.3 Climate conditions for the case study 
Climate has a major impact on the energy use of most commercial and residential 
buildings.  As a result, the HVAC system performance might be different under various weather 
conditions. Considering one of major purposes of this study is evaluate the system performance 
of the HHSR system, it needs to analyze the performance of the system under different climates.  
Briggs, et al. developed climate classifications based on the climate impact on building 
energy consumption. The author classified the climates in the U.S. as 16 different zones 
considering not only conventional degree day conditions, but also other climate parameters such 
as building orientations, solar heat gain coefficient, shading, infiltration and ventilation, and 
mechanical operating condition for heating and cooling (Briggs, Lucas, & Taylor, 2002). The 
results have become the standard of the ASHRAE climate zone classifications. The description 
of each zone and representative cities in the U.S. are presented in Table 6.6. 
Although the ASHRAE climate zones can represent meteorological condition for each 
climate zone, the representative locations or cities are not an exact match from a building energy 
simulation perspective. Therefore, DOE presented the rearranged representative locations as 
illustrated in Table 6.7 in addition of Briggs‘ classification. 
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Table 6.6 Climate zone definitions for classification by Briggs’ research 
Thermal Zone Definitions  
Zone  
No.  
Climate Zone 
Name and Type  
Thermal Criteria(1,8)  Representative 
U.S. City*  
Köppen Classification 
Description  
1A  Very Hot – Humid  5000 < CDD10 ºC  Miami, FL  Tropical Wet-and-Dry  
1B(7)  Very Hot – Dry  5000 < CDD10 ºC  ---  Tropical Desert 
2A  Hot – Humid  3500 < CDD10 ºC ≤ 5000  Houston, TX  Humid Subtropical 
(Warm Summer)  
2B  Hot – Dry  3500 < CDD10 ºC ≤ 5000  Phoenix, AZ  Arid Subtropical  
3A  Warm – Humid  2500 < CDD10 ºC ≤ 3500  Memphis, TN  Humid Subtropical 
(Warm Summer)  
3B  Warm – Dry  2500 < CDD10 ºC ≤ 3500  El Paso, TX  Semiarid Middle 
Latitude/Arid 
Subtropical/Highlands  
3C  Warm – Marine  HDD18 ºC ≤ 2000  San Francisco, CA  Dry Summer 
Subtropical 
(Mediterranean)  
4A  Mixed – Humid  CDD10 ºC ≤ 2500 AND  
HDD18 ºC ≤ 3000  
Baltimore, MD  Humid 
Subtropical/Humid 
Continental (Warm 
Summer)  
4B  Mixed – Dry  CDD10 ºC ≤ 2500 AND  
HDD18 ºC ≤ 3000  
Albuquerque, NM  Semiarid Middle 
Latitude/Arid 
Subtropical/Highlands  
4C  Mixed – Marine  2000 < HDD18 ºC ≤ 3000  Salem, OR  Marine (Cool Summer)  
5A  Cool – Humid  3000 < HDD18 ºC ≤ 4000  Chicago, IL  Humid Continental 
(Warm Summer)  
5B  Cool – Dry  3000 < HDD18 ºC ≤ 4000  Boise, ID  Semiarid Middle 
Latitude/Highlands  
5C(7)  Cool – Marine  3000 < HDD18 ºC ≤ 4000  ---  Marine (Cool Summer)  
6A  Cold – Humid  4000 < HDD18 ºC ≤ 5000  Burlington, VT  Humid Continental 
(Warm Summer/Cool 
Summer)  
6B  Cold – Dry  4000 < HDD18 ºC ≤ 5000  Helena, MT  Semiarid Middle 
Latitude/Highlands  
7  Very Cold 5000 < HDD18 ºC ≤ 7000  Duluth, MN  Humid Continental 
(Cool Summer)  
8  Subarctic 7000 < HDD18 ºC  Fairbanks, AK  Subarctic  
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Table 6.7 Climate zone definitions for the case study 
 
 
Zone 
No. 
Representative 
U.S. City 
WYEC Data file location 
1 1A Miami, FL Miami, FL 
2 2A Houston, TX Houston, TX 
3 2B Phoenix, AZ Phoenix, AZ 
4 3A Atlanta, GA Atlanta, GA 
5 3B Los Angeles, CA Los Angeles, CA 
6  Las Vegas, NV Las Vegas, NV 
7 3C San Francisco, CA San Francisco, CA 
8 4A Baltimore, MD Baltimore, MD 
9 4B Albuquerque, NM Albuquerque, NM 
10 4C Seattle, WA Seattle, WA 
11 5A Chicago, IL Chicago-O’Hare Intl Air Port, IL 
12 5B Boulder, CO Boulder, CO 
13 6A Minneapolis, MN Minneapolis, MN 
14 6B Helena, MT Helena, MT 
15 7 Duluth, MN Duluth, MN 
16 8 Fairbanks, AK Fairbanks, AK 
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6.4 Description of actual simulation model 
Although both benchmark models illustrated in the previous subsections provide 
prototypical building geometries and internal load conditions, they were not designed with a 
radiant system as the primary HVAC system to control space thermal conditions. Therefore, it is 
necessary to modify not only the HVAC system inputs, but also the building component inputs to 
conduct annual building energy simulation for the three different radiant systems in this study. 
In this study, three different types of the radiant systems are being compared. The energy 
simulation models for each system are constructed to investigate the system response to realistic 
building conditions. The typical radiant system is a generic low temperature radiant system in 
EnergyPlus. It controls only the space sensible load. The radiant system incorporated with a 
dedicated outdoor air system (DOAS+RAD) is a typical radiant system combined with an 
outdoor air handling unit. The outdoor air unit conditions the outside air and supplies it to the 
space at tempered conditions. Finally, the proposed system in this study (HHSR) uses the basic 
concept of a radiant system but couples it with the concentric tube heat exchanger as described in 
the previous chapter. 
Based on the building geometry and materials, which are specified in the benchmark 
model, the floor structure has been modified to accommodate the radiant systems as illustrated in 
Figure 6.13. A rigid insulation material, Expanded Polyethylene board (Thickness=0.065m), is 
installed between the structure and radiant slab layer to avoid heat loss through the back side of 
the radiant system.  The radiant slab has an internal heat source or sink delivered through 
polyethylene cross-linked (PEX) tube with 0.3m spacing between the tube centers. This radiant 
slab configuration is applied to all thermal zones for the office building and the North-East and 
South-West Zones for the residential building. 
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(a) Office                                                                (b) Residential 
Figure 6.13 Radiant floor structures for the case study 
 
Another modification to the input for the benchmark files was to the piping arrangement. 
The primary system heat medium is water for the three different radiant systems. The outdoor air 
handling unit for DOAS+RAD system also has heating and cooling coils which also used water 
as the heat medium to keep energy supply for all of the system equipment from a single source. 
The water loop connections for each radiant type are illustrated in Figure 6.14.The plant 
equipment used in this study was ―Purchased energy‖ which provides hot and water to the 
system in whatever quantity is needs by the system. 
The water mass flow rate of the radiant system is defined by a user supplied control 
temperature and throttling range. Once the design day calculation sizes the maximum water flow 
rate, the actual water flow rate is calculated via a linear relation between the control temperatures 
with respect to a predefined throttling range by user input. For this study, the mean air 
temperature is used as the control temperature of each thermal space and the throttling range is 
set 2  ºC as illustrated in the Figure 6.15.  
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PEX Tube (D=0.015/0.034) 
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(a) Typical radiant system and HHSR system 
 
 
(b) Radiant system integrated DOAS unit 
Figure 6.14 Water loop demand and supply side connection 
 
 
 
 
 
 
 
(a) water flow rate for heating                          (b) water flow rate for cooling 
Figure 6.15 Radiant floor water flow rate control 
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The supply water temperature for the system loop set to 60  ºC for heating for all the spaces of 
both the office building and the residential building.  For cooling situations, the system loop 
water temperature was set to 20  ºC in all cases.  
The space ventilation requirement for indoor air quality is also a key parameter that impacts 
the heating and cooling energy consumption. The Typical system has no component to control 
outdoor air, but the DOAS+RAD system and the HHSR system are able to manage the outdoor 
air requirement. The maximum ventilation rate of the spaces is calculated based on ASHRAE 
Standard 62.1-2004(ASHRAE, 2004) and the ventilation rate is set as the maximum for 
acceptable IAQ if there is more than one occupants.  
For the DOAS+RAD system, the ventilation air temperature is defined by the outdoor air 
temperature and set point temperature as illustrated in Figure 6.16. In this study, the low control 
temperature is set 21 ºC and the high control air temperature is set as 24 ºC for the outdoor air 
unit. 
 
 
Figure 6.16 Ventilation air temperature control logic of the dedicated outdoor air 
system for the DOAS+RAD case 
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The simulation periods are set to begin on January 1
st
 and to finish on December 31
th
 for 
the weather year for energy calculation (WYEC) data. It calculates heating/cooling energy 
consumption and the resulting thermal environment on a 15 minutes time step basis. After the 
simulation completes successfully, the output data of each time step is averaged and reported 
hourly for the energy consumption rate and the thermal comfort indices.  
The zone mean air temperature and Predicted Mean Vote (PMV) scale, one of the 
thermal comfort indices, are used to investigate the indoor thermal environment. The zone mean 
air temperature is the simplest but most powerful criteria to define whether the system can 
operate as it is designed or not. The Predicted Mean Vote, PMV, scale is a useful evaluation 
parameter to define the indoor thermal environment of the space because it is calculated from 
many important factors to determine their effect on an occupant‘s thermal sensation. To calculate 
the PMV scale, not only are physical values like mean air temperature, air velocity, mean radiant 
temperature, and humidity level of the space required, but estimates of the occupants‘ thermal 
conditions such as clothing and activity level are also needed. 
The PMV is an index introduced by Fanger which indicates the sensations of cold and 
warmth felt by humans on a scale of 3 through -3( 3- being very warm, 0-comfortable and -3--
very cold)(Fanger, 1973). It represents how an average person would feel about in a space (cold, 
warm, hot, etc.) and can be correlated to the evaluation of what percentage of a people will be 
uncomfortable in the PPD (Predicted Percentage of Discomfort) index (ISO, 1993). When the 
PMV ranges from -0.5 to 0.5, PPD is below 10% which means that 90% of the occupants feel 
comfortable in the specified thermal environment. The relation of the PMV scale and the PPD is 
illustrated in Figure 6.17. This variable is quite useful for characterizing the overall thermal 
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environment of the occupied space. In EnergyPlus, PMV is based on how the energy loss 
deviates from the metabolic rate in the following equation from 
                                                                 (6-1) 
Where,  is the metabolic rate of occupant,   is the energy loss, and   is the internal 
heat production of occupant (DOE, 2010). The Occupants‘ clothing (1 clo) and activity level 
(120 W/person) and air velocity (0.2 m/s) are also defined by based on the literature 
(ANSI/ASHRAE, 2004).  
For the comparative study on the energy consumption characteristics, each model 
produces the water outlet temperature of the radiant systems and purchased heating and cooling 
energy during the simulation period. In addition, it monitors the system shut-off hours due to the 
prediction of a surface temperature that is below the space dew-point temperature and the 
internal air tube condensation rate of the HHSR system. Table 6.8 summarizes the major input 
and output variables and their descriptions. 
 
 
Figure 6.17 Relation between PMV scale and PPD (Box, 2010) 
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Table 6.8 Major system input and output variables 
INPUTS 
Heating/Cooling set point (residential) 
[ºC] 
21/24(20.9/23.9) 
Based on the space mean air temperature 
on schedule 
Water tube diameter [m] 0.015 or 0.034 (HHSR)  
Tube spacing [m] 0.3  
Water Temp. 
(Heating/cooling) [ºC] 
60/20 Office building 
55/20 Residential building 
60/20 Residential building in 5B, 6A, 6B,7, 8 
Water Mass flow rate 
(Heating/cooling) [kg/s] 
Auto sized 
Depends on the space thermal load and 
heat media operation temperature 
Water flow rate control Variable flow type Fixed inlet temperature 
Control throttling rage [ºC] 2  
Ventilation Requirement [L//people/s] 
0.17  DOAS+RAD system, HHSR system 
None Typical radiant system 
OA delivery set point temperature 
[ºC] 
Heating/Cooling set point For DOAS+RAD system 
- 
For HHSR system, the supplied air 
temperature depends on the air outlet of 
the concentric tube heat exchanger   
Air tube diameter [m] 0.015 Only for HHSR system 
Control throttling rage [ºC] 2  
Condensation control temperature 
[ºC] 
0 
 
When the surface temperature less than the 
space dew point temperature, the system is 
shut-off 
OUTPUTS 
Predicted Mean Vote 
Hourly averaged 
 
For define indoor thermal environment 
Water inlet Temp. [ºC] 
Hourly averaged 
 
Inlet temperature of radiant systems 
Water outlet Temp. [ºC] 
Hourly averaged 
Or Each Time step 
outlet temperature of radiant systems 
Supply air Temp. [ºC] 
Hourly averaged 
Or Each Time step 
For HHSR system and DOAS+RAD system 
Supply air humidity ratio [ºC] 
Hourly averaged 
Or Each Time step 
For HHSR system and Radiant system with 
DOAS 
Purchased heating rate 
Hourly averaged 
Or Each Time step 
 
Purchased cooling rate 
Hourly averaged 
Or Each Time step 
 
Shut-Off time Averaged hours of building Due to surface condensation prediction 
Air tube condensation rate 
Annual amount of condensing 
water 
For HHSR system 
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6.5 Transient simulation results 
96 annual simulations were conducted for the three different radiant system types 
including the proposed HHSR system for two different building types and in sixteen different 
climates. This section describes the results of the system performance of the HHSR system, 
comparing the annual energy consumption and thermal environment conditions with the 
traditional radiant system types.  
Four representative cities, Miami(Very hot-Humid, 1A), Los Angeles (Warm-Dry, 3B), 
Chicago (Cool-Humid, 5A), and Duluth (Very Cold, 7), were selected to conduct an hourly 
based analysis of the indoor thermal environment and energy consumption for a heating design 
week (01/19-01/25) or cooling design week (07/19-07/25), which means the seven days 
including the heating design day(01/21) or cooling design day (07/21) for each climate condition. 
The analysis of the annual energy simulation results and averaged PMV scale during 
occupied hours for the sixteen locations is presented below to evaluate the overall system 
performance of the proposed radiant system. As mentioned in the previous chapter, the 
condensation in the internal air tube is one possible drawback of the HHSR system. Therefore, 
the amount of condensation in internal air tube of the concentrate heat exchanger and its peak 
rate during the annual operation will also be tracked. Based on the transient results, it will be 
discussed on the system capability and potential operational considerations for operating the 
proposed system as the primary HVAC system for buildings. 
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6.5.1 Office Building 
As illustrated in the previous section, the office building has five different thermal zones 
and the system is operating mainly during the daytime when the building is occupied. 
Considering the thermal condition of each thermal zone, the South perimeter zone, S-Zone and 
the North perimeter zone, N-Zone, will be the most heating or cooling energy demand point of 
the building in cooling and heating season, respectively. It is mainly caused by the skin load 
dominated condition due to their orientations. The interior zone, Core-Zone will be more 
impacted by the internal load condition rather than the outdoor air condition. 
Figure 6.18 shows the hourly temperature profiles of the S and N zone during the heating 
design day week for the very hot and humid location (Miami). Due to the climate condition of 
the location, both zones have cooling demand during the heating design week. The HHSR 
system provides a lower space temperature that is closer to the design condition during occupied 
hours. However, all radiant system is frequently shutdown due to the prediction of surface 
condensation. Thus, none of the radiant systems can satisfy the cooling load of the zones. The 
shut off time will be discussed in the later part of this section. 
The radiant floor surface temperature and space mean air temperature of Core-Zone using 
the HHSR system is lower and closer to the design condition than the DOAS+RAD system as 
illustrated in Figure 6.19. With the HHSR system, the outdoor is supplied into the zone at the 
same temperature as the water outlet temperature (20.13-21.42 ºC). The air has more impact on 
reducing the zone-cooling load than the air of the DOAS+RAD system which delivers 24 ºC 
during cooling operating. It also illustrates the water flow rate of the HHSR system is fluctuating 
with zone thermal condition, whereas the DOAS+RAD system requires nearly the maximum 
water flow rate during occupied hours. 
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Figure 6.18 Hourly MAT profiles of S-Zone and N-zone in the office case during the 
heating design day week (Climate zone 1A, Miami) 
 
 
 
Figure 6.19 Hourly MAT and surface temperature profiles of Core-Zone in the office 
case during the heating design day week (Climate zone 1A, Miami) 
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The space mean air temperature profiles of the S-zone and N-zone during cooling week 
conditions for the three radiant systems are illustrated in the Figure 6.20. It has similar trends to 
the heating design day week. The HHSR system provides the lowest space temperature among 
systems while the Typical system fails to control the space air temperature due to continuous 
interruptions in operation because of the surface condensation issue. Although the other systems 
also have their operation interrupted by surface condensation concerns, it is not much as the 
Typical system. It shows that the space air temperature ranged from 26-28 ºC for the 
DOAS+RAD and HHSR systems during occupied hours. The amount of time the system 
operation was interrupted will be presented in later part of this subsection. 
The space mean air temperature and radiant floor surface temperature for the Core-zone 
are also different depending on the system types as shown in Figure 6.21. As was seen for the 
heating week, the temperatures produced by the HHSR system are lower than those of the 
DOAS+RAD system. The water outlet temperature of the HHSR system ranged from 20.3 to 
20.4 ºC during most occupied hour. This means the outdoor air for the HHSR system is delivered 
into the space at that temperature condition. Comparing the temperature with the set point of 
ventilation for the DOAS+RAD system (24 ºC), it is a useful convective heat source which can 
reduce the zone cooling load. 
The impact on the daily heating and cooling energy consumption is shown in Table 6.9. 
In the case of DOAS+RAD system, the system requires heating energy to control the ventilation 
air when the outdoor air temperature is below than 21 ºC on Jan. 20
th
 and 24
th
 but it is not a 
significant heating demand. Even though the HHSR system is expected to save on the cooling 
load due to the lower temperature of the ventilated air, it requires almost the same amount of 
cooling energy during the week in the hot and humid location. 
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Figure 6.20 Hourly MAT profiles of S-Zone and N-zone in the office case during the cooling 
design day week (Climate zone 1A, Miami) 
 
 
 
Figure 6.21 Hourly MAT and surface temperature profiles of the Core-Zone in the office 
case during the cooling design day week (Climate zone 1A, Miami) 
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Table 6.9 Daily heating and cooling energy for the week in Climate Zone 1A, Miami 
(a) Heating design day week 
 
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
19-Jan 0.00 0.00 0.00 0.00 0.00 0.00 
20-Jan 0.00 0.00 0.00 0.00 0.00 0.00 
21-Jan 0.00 28.08 0.00 27.99 0.00 16.40 
22-Jan 0.00 25.445 0.00 24.68 0.00 14.74 
23-Jan 0.00 25.122 0.00 25.06 0.00 12.84 
24-Jan 0.08 43.231 0.00 38.71 0.00 40.77 
25-Jan 0.00 18.614 0.00 15.26 0.00 22.66 
Week 
Total 
0.08 140.92 0.00 131.71 0.00 107.42 
 
(b) Cooling design day week 
  
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
19-Jul 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jul 
0.00 472.88 0.00 463.67 0.00 198.99 
21-Jul 
0.00 332.55 0.00 360.60 0.00 131.57 
22-Jul 
0.00 335.40 0.00 331.59 0.00 152.94 
23-Jul 
0.00 305.15 0.00 316.95 0.00 157.12 
24-Jul 
0.00 452.87 0.00 476.91 0.00 376.27 
25-Jul 
0.00 179.70 0.00 181.53 0.00 225.48 
Week 
Total 
0.00 2078.56 0.00 2131.25 0.00 1242.37 
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Figure 6.22 shows the hourly temperature profiles of the S and N zone during the heating 
design day week for the warm and dry location (Climate zone 3C, LA). Based on the climatic 
condition of this location, the thermal condition of each zone is different depend on its direction.  
For the heating design day, the S-zone requires cooling during occupied hours whereas 
the N-Zone needs heating at the beginning of occupied period and cooling in the afternoon as 
shown in Figure 6.22. All three systems can provide the space mean air temperatures that are 
close to the set point temperature for both zones. During occupied hours, the predicted space 
mean air temperatures range from 21.5 to 22.5 ºC for the N-zone and from 22.3 to 26.5 ºC for the 
S-zone. For each zone, all systems control the space temperatures are a similar fashion to each 
other. However, the HHSR and DOAS+RAD system responds differently in the Core-zone as 
illustrated in Figure 6.23. While the DOAS+RAD system is in cooling operation during all 
occupied hours after heating briefly at the initial occupied period, the HHSR system switches 
operation modes, from heating to cooling, depending on the zone thermal load. For the HHSR 
system, the ventilation air temperature during heating mode is as low as 14  ºC and around 20 ºC 
in cooling mode depend on the water mass flow rate. When the air is introduced at a lower 
temperature than the space, it might have an advantage to reduce space cooling loads but it also 
potentially causes heating demand when the internal load level is not high. This condition is 
caused by the control method of the water mass flow rate.  
As described in the energy simulation model in this chapter, the variable water flow rate 
system is applied to the three radiant systems and the flow rate is defined by the relationship 
between the system control parameter, the zone mean air temperature, and the throttling offset 
range. According to this algorithm, the water flow rate may decrease when the space air 
temperature increases and is close to the upper boundary of throttling range.  
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Figure 6.22 Hourly MAT profiles of the S-Zone and the N-zone in the office case during the 
heating design day week (Climate zone 3B, LA) 
 
 
Figure 6.23 Hourly MAT and surface temperature profiles of the Core-Zone in the office 
case during the cooling design day week (Climate zone 3B, LA) 
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 For the HHSR system, the low water flow rate results in a large temperature drop 
between inlet and outlet of the water; it also impacts the ventilation air temperature that is 
delivered at the water outlet temperature.  
For the space temperature profiles during the cooling design day week in Figure 6.24, the 
operation is more straightforward. Both zones need cooling during the occupied hours. The 
HHSR system provides space air temperatures closer to the set point temperature than the other 
systems in both perimeter zones. The average space temperature for the DOAS+RAD system is 
almost higher 1 ºC than the HHSR system.   
The Core-zone also needs cooling during all occupied hours as shown in Figure 6.25. The 
surface temperature for the Core-zone has a fairly similar range, 22.3 ºC to 26.3 ºC, in each 
system type. Although both systems have similar radiant surface temperature, the space mean air 
temperature is closer to the set point temperature when using the HHSR system. As mentioned 
for the other case and as part of the heating condition discussion, it is mainly because of the 
ventilation air temperature differentials between the DOAS+RAD and the HHSR system. 
Table 6.10 summaries the heating and cooling energy required for the building during the 
cooling and heating design day week. The characteristics of the proposed system described 
above effectively reduce the cooling demand during the heating and cooling design day week. 
However, it also increased the heating demand during the heating design day week for this 
location. Compared to the energy requirement for the DOAS+RAD system during the cooling 
design day week, the HHSR system provides appropriate space thermal condition with only 27% 
of the DOAS+RAD system energy for cooling.   
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Figure 6.24 Hourly MAT profiles of the S-Zone and N-zone in the office case during the 
cooling design day week (Climate zone 3B, LA) 
 
 
Figure 6.25 Hourly MAT and surface temperature profiles of the Core-Zone in the office 
case during the heating design day week (Climate zone 3B, LA) 
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Table 6.10 Daily heating and cooling energy for the week in Climate Zone 3B, LA 
(a) Heating design day week 
 
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating Energy 
[kWh] 
Cooling Energy 
[kWh] 
19-Jan 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jan 
0.07 27.78 0.00 27.59 0.00 0.00 
21-Jan 
0.00 23.73 0.00 22.25 0.00 16.40 
22-Jan 
0.00 23.14 0.00 23.35 0.00 14.74 
23-Jan 
0.00 26.03 0.00 24.76 0.00 12.84 
24-Jan 
0.08 200.34 0.00 199.20 0.00 40.77 
25-Jan 
0.00 0.00 0.00 0.00 0.00 22.66 
Week 
Total 
0.16 301.04 0.00 297.18 0.00 107.42 
 
(b) Cooling design day week 
  
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating Energy 
[kWh] 
Cooling Energy 
[kWh] 
19-Jul 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jul 
0.00 472.88 0.00 463.67 0.00 198.99 
21-Jul 
0.00 332.55 0.00 360.60 0.00 131.57 
22-Jul 
0.00 335.40 0.00 331.59 0.00 152.94 
23-Jul 
0.00 305.15 0.00 316.95 0.00 157.12 
24-Jul 
0.00 452.87 0.00 476.91 0.00 376.27 
25-Jul 
0.00 179.70 0.00 181.53 0.00 225.48 
Week 
Total 
0.00 2078.56 0.00 2131.25 0.00 1242.37 
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Figure 6.26 shows the mean space air temperature of the N-zone and the S-Zone during 
the heating design day week in Chicago. Most of occupied hours in the N-zone need heating 
except 2-3 pm. In other words, the operation mode of the S-zone is heating for initial occupied 
hours, but it switches over to cooling due to solar radiation and internal loads. All three systems 
control the space air temperature to the heating design condition, 21 ºC, for the N-Zone. 
However, the space temperature is almost 1 ºC higher than the cooling set condition during the 
occupied hours for the S-Zone.   
The system response of both systems of the Core-zone is shown in Figure 6.27. While the 
DOAS+RAD system is operating in heating mode at the initial building operation hours, it 
changes operation mode to cooling during the daytime due to the internal heat gain. The HHSR 
system operates in heating mode in all occupied hour. This was caused mainly by the low 
temperature ventilation air as a result of the water outlet temperature and flow rate conditions.  
During the cooling design day week, the systems frequently stopped due to the prediction 
of surface condensation in Figure 6.28. Considering the climate condition of Climate zone 5A, 
the Typical radiant system is not operating appropriately due to interruption of the operation by 
surface condensation and it results in decreased cooling capacity. The space air temperatures for 
the three systems in both perimeter zones are higher than the set point condition, 24 ºC.  For the 
Core-zone, the HHSR system provides for stable cooling operation. Compared with 
DOAS+RAD system, the space temperatures of the HHSR system in the Core-Zone are more 
closed to the set condition in Figure 6.29. Table 6.11 summarizes the energy consumption for the 
building during the cooling and heating design day weeks. During the week, the HHSR system 
has the potential to save 25% on cooling energy during the heating week and 39% savings during 
the cooling week compared to the DOAS+RAD system in that period.  
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Figure 6.26 Hourly MAT profiles of the S-Zone and N-zone in the office case during the 
heating design day week (Climate zone 5A, Chicago) 
 
 
Figure 6.27 Hourly MAT and surface temperature profiles of the Core-Zone in the office 
case during the heating design day week (Climate zone 5A, Chicago) 
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Figure 6.28 Hourly MAT profiles of the S-Zone and the N-zone in the office case during the 
cooling design day week (Climate zone 5A, Chicago) 
 
 
Figure 6.29 Hourly MAT and surface temperature profiles of the Core-Zone in the office 
case during the cooling design day week (Climate zone 5A, Chicago) 
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Table 6.11 Daily heating and cooling energy for the weeks in Climate Zone 5A, Chicago 
(a) Heating design day week 
 
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating Energy 
[kWh] 
Cooling Energy 
[kWh] 
19-Jan 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jan 
0.00 0.00 0.00 0.00 0.00 0.00 
21-Jan 
50.17 0.00 49.08 0.00 38.81 0.00 
22-Jan 
27.51 2.93 27.13 0.00 8.93 3.90 
23-Jan 
28.49 3.05 25.79 0.00 9.22 4.07 
24-Jan 
51.36 0.80 53.44 0.00 20.56 1.51 
25-Jan 
24.24 0.00 27.73 0.00 10.85 0.00 
Week 
Total 
181.79 6.79 183.18 0.00 88.39 9.50 
 
(b) Cooling design day week 
  
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
19-Jul 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jul 
0.21 40.70 0.00 38.94 0.00 35.77 
21-Jul 
0.16 27.71 0.00 28.07 0.00 29.02 
22-Jul 
1.82 21.20 0.00 17.02 0.00 20.38 
23-Jul 
0.87 19.01 0.00 16.50 0.00 20.86 
24-Jul 
0.35 37.41 0.00 32.87 0.00 37.58 
25-Jul 
0.04 16.06 0.00 12.70 0.00 16.34 
Week 
Total 
3.47 162.15 0.00 146.11 0.00 159.97 
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Although the climate conditions are very cold in Climate Zone 7, internal load condition 
and solar radiation result in cooling demand in the office space as shown Figure 6.30. During 
most occupied hours, the system operates in heating mode for the N-Zone but the S-zone 
requires cooling due to internal and solar heat gains during 2-4PM from Jan. 21 to Jan. 23. The 
space mean air temperature (MAT) of all system in both perimeter zones ranged from 22 ºC to 
23 ºC which is the space set point temperature. In the Core-Zone, the DOAS+RAD and HHSR 
system operated in heating mode as shown in Figure 6.31. It also shows that the ventilation air 
temperature drops down due to the low water mass flow rate as it was the case for heating 
conditions in climate zone 5A and 3B. The air temperature drops nearly to the freezing 
temperature of water during the initial hours in heating mode during the heating design day 
week.  
Although three radiant systems provide similar space temperatures to each other for both 
perimeter zones during cooling the design day week, the MAT of the HHSR system is the closest 
to the set point temperature in both office zones as illustrated in Figure 6.32.  
Figure 6.33 shows the space and surface temperatures and the water flow rate conditions 
of the Core-Zone during the cooling week. The interior zone needs heating for the initial 
occupied hour (7AM) and the last hour (8PM) of occupancy, but it requires cooling for most 
occupied hours. The HHSR system controlled the space temperature closer to the set point 
temperature than the DOAS+RAD system. 
Comparing the required energy for the building heating and cooling for the HHSR system 
with the DOAS+RAD system as illustrated in Table 6.12, the HHSR system resulted in a savings 
of 23% for cooling and 8% for heating during the heating week. The proposed system can also 
be expected to be an energy saving system during cooling period.   
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Figure 6.30 Hourly MAT profiles of the S-Zone and the N-Zone in the office case during 
the heating design day week (Climate zone 7, Duluth) 
 
 
Figure 6.31 Hourly MAT and surface temperature profile of the Core-Zone in the office 
case during the heating design day (Climate zone 7, Duluth) 
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Figure 6.32 Hourly MAT profile of the S-Zone and the N-Zone in the office case during the 
cooling design day week (Climate zone 7, Duluth) 
 
 
Figure 6.33 Hourly MAT and surface temperature profile of the Core-Zone in the office 
case during the cooling design day (Climate zone 7, Duluth) 
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Table 6.12 Daily heating and cooling energy for the weeks in Climate Zone 7, Duluth 
(a) Heating design day week 
 
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating Energy 
[kWh] 
Cooling Energy 
[kWh] 
19-Jan 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jan 
0.00 0.00 0.00 0.00 0.00 0.00 
21-Jan 
71.58 0.00 64.12 0.00 49.88 0.00 
22-Jan 
51.56 0.69 54.53 0.00 23.33 0.93 
23-Jan 
56.81 0.81 55.51 0.00 22.81 1.26 
24-Jan 
113.81 90.22 97.00 67.78 43.53 103.48 
25-Jan 
42.65 0.00 44.36 0.00 20.90 0.00 
Week 
Total 
336.41 91.72 315.52 67.78 160.45 105.67 
 
(b) Cooling design day week 
  
DOAS+RAD System HHSR System Typical System 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
Heating 
Energy [kWh] 
Cooling 
Energy [kWh] 
19-Jul 
0.00 0.00 0.00 0.00 0.00 0.00 
20-Jul 
0.22 40.70 0.00 38.97 0.00 35.77 
21-Jul 
0.16 27.71 0.00 28.03 0.00 29.02 
22-Jul 
1.82 21.21 0.00 17.03 0.00 20.39 
23-Jul 
0.88 19.01 0.00 16.50 0.00 20.87 
24-Jul 
0.36 37.46 0.00 32.88 0.00 37.59 
25-Jul 
0.04 16.06 0.00 12.70 0.00 16.34 
Week 
Total 
3.47 162.16 0.00 146.11 0.00 159.98 
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6.5.2 Residential Building 
As noted in the previous sections, the residential building has different occupancy and 
ventilation schedules to the office building. For this study, the unit has at least one occupant 
during the day- and night-time. For this reason, the system must be operated in all 24 hours if the 
space mean air temperature, MAT, is not to stay at the set point temperature. The ventilation 
requirement also depends on the occupancy schedule, so it results in a minimal volumetric flow 
rate during the daytime (9AM-4PM).  
In addition, the North-East (NE) and South-West (SW) spaces, as mentioned in the 
previous section, will be needed the highest energy demand for the intermediate floor in the 
residential building because it has two exterior walls and orientations. This subsection 
investigates the performance of the proposed system for residential units in various climates. 
Based on the results of the office building simulation, the mean air temperature of the unit space 
is a key parameter in evaluating the system capabilities and the space MAT of the HHSR system 
is compared with to the other conventional radiant systems, the DOAS+RAD and the Typical 
system.  
Figure 6.34 illustrates hourly space air temperature profiles for the NE unit and the SE 
unit during the heating design day week in the very hot and humid climate (Class zone 1A, 
Miami). The DOAS+RAD system and the HHSR system can control the air temperature to the 
set point temperature (24 ºC) for the NE unit but both systems are not able to satisfy the design 
condition in the SW unit during daytime occupancy.  
 
189 
 
 
Figure 6.34 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the heating design day week (Climate zone 1A, Miami) 
 
 
Figure 6.35 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the cooling design day week (Climate zone 1A, Miami) 
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Figure 6.36 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the heating design day week (Climate zone 3B, LA) 
 
 
Figure 6.37 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the cooling design day week (Climate zone 3B, LA) 
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Considering the weather condition (hot and humid) and the configuration of the radiant 
systems, the predicted surface temperature is below or equals to the dew-point temperature of the 
units causing the interruption of the system operation in the cooling week. The condensation shut 
off time and annual hours will be discussed in a later part of this chapter. 
Similar to the heating week, the systems frequently stopped water circulation to avoid 
surface condensation in the cooling week as illustrated in Figure 6.35. This results in a decreased 
cooling capacity of the systems, and the mean air temperature stays above the design condition. 
In a warm and dry climate like Los Angeles, CA (Climate zone 3B), the outdoor air 
temperature fluctuates with a consistent sine curve pattern ranging from 5 ºC to 15 ºC for the 
heating week and from 19.1 ºC to  24.3 ºC for the cooling week. The system response patterns to 
the space thermal loads of all systems are similar to each other and depend on the zone geometry 
condition and the outdoor conditions as shown in Figure 6.36 and 6.37. 
When the system operation mode changes over from heating to cooling depends on the 
outdoor air condition, and the resulting daily MAT temperature pattern is similar to the outdoor 
air temperature curves in the heating and cooling design day week. In both time periods, the 
MAT ranges between 21-25 ºC, which is matched to the range of cooling and heating set point 
temperatures. The MAT of SW-Zone is approximately 1-1.5 ºC higher than NE-Zone at 4 PM in 
the heating and cooling design day week due to direct solar radiation through the zone exterior 
wall. 
Figure 6.38 and 6.39 show hourly MAT of both zones during the period in the cool and 
humid climate condition, Chicago (Climate Zone 5A). As shown as Figure 6.38, the NE-zone 
requires mostly heating during occupied hours during the heating week. The SW-Zone 
occasionally needs cooling operation from 10AM to 4PM depending on the weather condition. 
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During the cooling week, all systems respond to the zone thermal loads in a similar 
manner to each other. Although the three different systems for both thermal zones frequently 
encountered conditions in which they must shutdown due to the prediction of surface 
condensation, MAT is controlled to between 24.3 ºC and 25.7 ºC, which is relatively close to the 
cooling design temperature in Figure 6.39. For the Typical system, the shut off time is longer and 
much more frequent than for the other systems which have a way to control the humidity of the 
outdoor air. This results in a decreased cooling capacity for the Typical system for cooling in the 
cold and humid climate. This will be also discussed in further detail in the later part of this 
subsection. 
During the heating week in a very cold climate like Duluth (Climate zone 7), all radiant 
system has similar heating performance as shown in Figure 6.40. However, the HHSR system 
controls MAT at more uniform conditions of 22 ºC in the NE-Zone compared to the other 
systems. Because the space air temperature is predicted to be close to the high throttling 
boundary, the water of the radiant system flows at a low mass flow rate. This causes the 
ventilation air of the HHSR system to be supplied at a low temperature (16  ºC) into the zone. 
The low temperature ventilation air can keep MAT stable, offsetting the direct solar heat gain in 
the morning. This is also seen in the SW-Zone where the MAT of the zone is lower than the 
DOAS+RAD system at 3PM, peak direct solar radiant heat gain time in days.  
In Figure 6.41, all radiant systems respond to the zone thermal cooling loads in a similar 
fashion to each other. There is no significant temperature differential between the systems and 
the MAT of both units under heating and cooling design conditions except during times of high 
solar heat gain.  
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Figure 6.38 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the heating design day week (Climate zone 5A, Chicago) 
 
 
Figure 6.39 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the cooling design day week (Climate zone 5A, Chicago) 
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Figure 6.40 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the heating design day week (Climate zone 7, Duluth) 
 
 
Figure 6.41 Hourly MAT profile of the NE-Unit and the SW-Unit in the residential case 
during the heating design day week (Climate zone 7, Duluth) 
19
19.5
20
20.5
21
21.5
22
22.5
23
23.5
24
01/19  
01:00:00
01/19  
13:00:00
01/20  
01:00:00
01/20  
13:00:00
01/21  
01:00:00
01/21  
13:00:00
01/22  
01:00:00
01/22  
13:00:00
01/23  
01:00:00
01/23  
13:00:00
01/24  
01:00:00
01/24  
13:00:00
01/25  
01:00:00
01/25  
13:00:00
M
e
an
 A
ir
 T
e
m
p
e
ra
tu
re
 [
D
e
g.
C
]
Time [MM/DD H]
DOAS(SW) DOAS(NE) HHSR(SW) HHSR(NE) Typical(SW) Typcial(NE)
20
21
22
23
24
25
26
27
28
07/19  
01:00:00
07/19  
13:00:00
07/20  
01:00:00
07/20  
13:00:00
07/21  
01:00:00
07/21  
13:00:00
07/22  
01:00:00
07/22  
13:00:00
07/23  
01:00:00
07/23  
13:00:00
07/24  
01:00:00
07/24  
13:00:00
07/25  
01:00:00
07/25  
13:00:00
M
e
an
 A
ir
 T
e
m
p
e
ra
tu
re
 [
D
e
g.
C
]
Time [MM/DD H]
DOAS(SW) DOAS(NE) HHSR(SW) HHSR(NE) Typical(SW) Typcial(NE)
195 
 
According to the transient simulation results for the space mean air temperature(MAT) 
condition during the heating and cooling design day week, both the DOAS+RAD and HHSR 
system can control the temperature of residential unit close to the system control set point 
temperature. The Typical system also provides acceptable MAT conditions in Climate zone 3C 
and 7, but the cooling capability of the radiant system decrease due to the surface condensation 
potential under high humidity conditions like Climate zone 1A and 5A. 
The heating and cooling design day week purchased energy for heating and cooling for 
the two residential units are summarized in Table 6.13. Compared to the DOAS+RAD system, 
the energy saving potentials of HHSR system depends on the operation mode and climate 
condition.  
 
Table 6.13Weekly purchased heating and cooling energy for the units during the heating 
and cooling design day week 
 Location 
Week Energy Type Types Miami Los Angelis Chicago Duluth 
Heating Week 
Heating Energy 
[kWh] 
DOAS+RAD 13.63 1206.37 1378.80 2326.57 
HHSR 0.00 893.61 1416.62 2293.96 
Typical 0.00 14.02 894.23 1613.71 
Cooling Energy 
[kWh] 
DOAS+RAD 3270.83 1872.75 57.78 31.61 
HHSR 2837.52 771.76 16.91 0.00 
Typical 2783.96 13.67 8.74 0.00 
Cooling Week 
Heating Energy 
[kWh] 
DOAS+RAD 0.00 1375.39 66.46 185.07 
HHSR 0.00 1183.29 26.40 147.11 
Typical 0.00 338.60 8.49 32.96 
Cooling Energy 
[kWh] 
DOAS+RAD 3890.28 1271.77 811.31 428.27 
HHSR 3523.61 1204.23 715.55 377.35 
Typical 
1869.15 1083.92 765.17 425.34 
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For example, HHSR system consumed 60% less energy during cooling mode, but it 
requires 3% more heating energy compared to the DOAS+RAD system in the heating week in 
Chicago. In a warm and dry climate, Los Angeles, the HHSR system can save heating and 
cooling energy during both simulation periods.  
From the transient simulation results on the heating and cooling design day week for the 
office building and residential unit, it is not strange that the system performance of not only the 
HHSR system but also the other conventional radiant systems depends on the internal load and 
climate condition. 
The newly developed radiant system can provide an acceptable space mean air 
temperature condition for both building types in most locations. The transient simulation for the 
HHSR system also shows that the water mass flow rate has significant impacts on the 
temperature condition of the ventilation air, which is conditioned to the water outlet temperature 
within concentric tube heat exchanger. When the water mass flow rate is set to a low value, the 
ventilation air temperature is far below the space set point temperatures. For example, the supply 
air temperature of the HHSR system for the office building case or residential unit ranged from 
4-15 ºC under low water mass flow rate conditions, when space mean air temperature is close to 
the upper boundary of throttling range due to internal and solar radiation heat gain during the 
heating week. 
This low temperature ventilation air has an impact on reducing the cooling energy for the 
office building case but it cause additional heating demand in the case of the residential units 
during the heating week in the cool or very cold climate condition. 
In the specified periods including the design day during which system sizing takes place, 
the HHSR system appropriately responds to the zone thermal load and provides acceptable space 
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air temperature. In addition, the system can have a notable potential to save heating and cooling 
energy in both building types. 
However, one week periods during the summer and winter are not sufficient to define the 
system performance on an annual basis, although the design day simulation is important for 
analyzing representative operation conditions to investigate the system performance over a short 
time period. The transient season (spring or fall) may have different impact on the overall 
performance of HHSR system. Therefore, it is necessary to test the proposed system over an 
annual period for the building types and climate conditions.  
In the next part of this subsection, the annual result of the averaged PMV scale on a  
monthly basis will be discussed to investigate the indoor thermal environment for each radiant 
system. Moreover, heating and cooling energy consumption patterns of three radiant systems are 
also presented in monthly and annually basis. 
 
6.5.3 Monthly averaged predicted mean vote (PMV) scale 
As mentioned previously, the PMV scale is a useful classification tool to define the 
indoor thermal environment of a space because it is derived through the effect of many important 
factors on the occupant‘s thermal sensation. To calculate the PMV scale, it requires not only 
physical values like the mean air temperature, the air velocity, the mean radiant temperature, and 
the humidity level of the space but also occupants‘ thermal conditions such as clothing and 
activity level. 
Table 6.14 shows the monthly averaged PMV scale results over an annual period for the 
office building while Tables 6.15 show results for the residential building. The values are 
averaged based on the five thermal zones of the office building and two different units, NE-zone 
and SW-Zone of the residential building.  
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The PMV for a space can be considered out of the ‗comfort‘ range when the value is 
outside the –0.5 - +0.5 range which corresponds to a value for predicted percentage of people 
dissatisfied that exceeds 10%. In Tables 6.14, these cases are highlighted by gray shading in the 
tables. From the office building results, we can expect that the HHSR and DOAS+RAD system 
can provide thermally ‗comfort‘ condition within the scale ranges -0.5 to +0.5 in most locations 
and seasons except the subarctic (Climate zone 8) and the very cold (Climate zone 7) locations. 
The scale values in these locations are low enough to indicate that people might feel ‗Cold‘, even 
though the system is operating.  
In contrast, the scale values of the typical radiant system are much higher than other case 
in the very hot and humid climate condition (Climate zone 1A). An occupant in the office 
building conditioned by the typical radiant system might feel ‗Slightly warm‘ (+1) or ‗Warm‘ 
(+2). This is likely due to the shut-down algorithm to avoid surface condensation in the energy 
simulation program. When the floor surface temperature is calculated to drop below the space air 
dew-point temperature, it shuts down the water flow in the radiant system. For the Typical 
system, there is no way to control the humidity level of the outdoor air. Thus, the system 
frequently stops cooling operation to avoid surface condensation.  
For the residential building, the radiant systems are more favorable than for the office 
building. Comparing the results with the office case, the possibility of uncomfortable conditions 
is significantly reduced in the residential building as shown in Table 6.15. In addition, the PMV 
scale is much closer to the comfort level than the office case in the very cold locations. 
There is no significant different for monthly averaged PMV scale values between the 
DOAS+RAD system and proposed radiant system in this dissertation, the HHSR system. 
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Table 6.14 Monthly averaged PMV scale of office building during occupied hours 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.79 0.44 0.39 0.07 -0.10 -0.12 0.07 -0.10 -0.12 -0.49 -0.56 -0.59 
Feb 0.83 0.48 0.42 0.03 -0.09 -0.10 0.03 -0.09 -0.10 -0.20 -0.28 -0.30 
Mar 0.95 0.54 0.47 0.38 0.16 0.13 0.38 0.16 0.13 0.03 -0.10 -0.13 
Apr 1.16 0.73 0.63 0.77 0.45 0.40 0.77 0.45 0.40 0.27 0.13 0.10 
May 1.30 0.22 -0.01 0.77 -0.05 -0.18 0.77 -0.05 -0.18 -0.07 -0.32 -0.45 
Jun 1.56 0.31 0.07 1.41 0.23 0.04 1.41 0.23 0.04 0.50 0.07 -0.20 
Jul 1.91 0.50 0.21 1.85 0.47 0.20 1.85 0.47 0.20 0.92 0.28 -0.02 
Aug 1.89 0.40 0.16 1.70 0.38 0.13 1.70 0.38 0.13 0.96 0.21 -0.10 
Sep 1.66 0.33 0.06 1.02 0.16 -0.03 1.02 0.16 -0.03 0.50 0.04 -0.27 
Oct 1.64 0.91 0.78 0.94 0.57 0.49 0.94 0.57 0.49 0.41 0.43 0.20 
Nev 1.16 0.66 0.57 0.55 0.25 0.20 0.55 0.25 0.20 0.00 -0.02 -0.15 
Dec 0.75 0.42 0.38 0.03 -0.09 -0.11 0.03 -0.09 -0.11 -0.27 -0.32 -0.35 
 Los Angelis Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.01 -0.10 -0.18 -0.31 -0.41 -0.42 -0.21 -0.30 -0.31 -0.62 -0.69 -0.70 
Feb 0.09 -0.02 -0.13 -0.07 -0.18 -0.21 -0.01 -0.12 -0.15 -0.52 -0.60 -0.58 
Mar 0.19 0.06 0.16 -0.01 -0.15 -0.18 0.00 -0.11 -0.14 -0.18 -0.29 -0.29 
Apr 0.27 0.12 0.31 0.33 0.15 0.11 0.06 -0.05 -0.08 -0.05 -0.16 -0.18 
May -0.50 -0.72 -0.16 -0.23 -0.46 -0.56 -0.82 -0.98 -1.03 -0.51 -0.78 -0.82 
Jun -0.35 -0.63 0.23 0.35 0.03 -0.09 -0.66 -0.85 -0.89 0.26 -0.26 -0.36 
Jul -0.12 -0.45 0.58 0.70 0.36 0.25 -0.55 -0.75 -0.77 0.89 0.06 -0.09 
Aug 0.01 -0.41 0.42 0.59 0.24 0.11 -0.56 -0.77 -0.79 0.92 0.02 -0.18 
Sep -0.17 -0.49 0.22 0.22 -0.05 -0.17 -0.60 -0.79 -0.82 -0.23 -0.53 -0.60 
Oct 0.47 0.28 0.47 0.38 0.21 0.16 0.23 0.09 0.06 0.17 0.02 0.00 
Nov 0.28 0.14 0.14 0.03 -0.10 -0.14 0.04 -0.07 -0.09 -0.16 -0.27 -0.28 
Dec 0.08 -0.03 -0.22 -0.26 -0.36 -0.37 -0.15 -0.25 -0.25 -0.51 -0.58 -0.56 
Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed 
system in this study, respectively  
Shaded area [  ] means that the scale value out of PPD 10% 
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Table 6.14 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan -0.52 -0.60 -0.62 -0.52 -0.58 -0.58 -0.89 -0.94 -0.96 -0.73 -1.02 -0.82 
Feb -0.30 -0.40 -0.42 -0.30 -0.41 -0.40 -0.60 -0.67 -0.65 -0.46 -0.72 -0.54 
Mar -0.16 -0.27 -0.31 -0.16 -0.30 -0.30 -0.38 -0.47 -0.45 -0.29 -0.49 -0.40 
Apr 0.06 -0.07 -0.10 0.06 -0.20 -0.22 -0.17 -0.27 -0.28 -0.09 -0.19 -0.22 
May -0.52 -0.72 -0.79 -0.52 -1.03 -1.07 -0.73 -0.90 -0.96 -0.84 -0.87 -1.04 
Jun -0.10 -0.35 -0.45 -0.10 -0.84 -0.88 -0.02 -0.42 -0.52 -0.47 -0.40 -0.74 
Jul 0.18 -0.07 -0.17 0.18 -0.70 -0.73 0.37 -0.11 -0.23 -0.06 0.13 -0.37 
Aug 0.11 -0.17 -0.26 0.11 -0.64 -0.67 0.26 -0.27 -0.38 -0.25 -0.15 -0.56 
Sep -0.30 -0.52 -0.58 -0.30 -0.85 -0.90 -0.37 -0.64 -0.70 -0.63 -0.66 -0.86 
Oct 0.14 0.01 -0.03 0.14 -0.12 -0.14 -0.03 -0.14 -0.16 -0.07 -0.24 -0.21 
Nov -0.25 -0.35 -0.37 -0.25 -0.37 -0.36 -0.34 -0.44 -0.43 -0.36 -0.63 -0.46 
Dec -0.44 -0.53 -0.53 -0.44 -0.47 -0.44 -0.70 -0.76 -0.74 -0.60 -0.91 -0.67 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan -1.18 -1.20 -1.32 -1.18 -1.03 -1.11 -0.61 -0.68 -0.68 -1.62 -1.60 -1.70 
Feb -0.76 -0.81 -0.82 -0.76 -0.76 -0.79 -0.41 -0.46 -0.51 -1.44 -1.42 -1.47 
Mar -0.41 -0.49 -0.49 -0.41 -0.45 -0.46 -0.49 -0.56 -0.57 -0.89 -0.93 -1.03 
Apr -0.14 -0.24 -0.25 -0.14 -0.33 -0.35 -0.37 -0.45 -0.45 -0.55 -0.62 -0.63 
May -0.59 -0.77 -0.82 -0.59 -1.19 -1.23 -1.16 -1.28 -1.32 -1.16 -1.30 -1.33 
Jun -0.07 -0.42 -0.49 -0.07 -0.80 -0.87 -0.63 -0.83 -0.87 -0.61 -0.84 -0.88 
Jul 0.40 -0.15 -0.28 0.40 -0.49 -0.56 -0.23 -0.51 -0.58 -0.50 -0.71 -0.76 
Aug 0.21 -0.30 -0.41 0.21 -0.57 -0.63 -0.42 -0.66 -0.71 -0.76 -0.94 -0.99 
Sep -0.58 -0.77 -0.81 -0.58 -0.92 -0.98 -0.94 -1.07 -1.10 -1.32 -1.42 -1.44 
Oct -0.13 -0.22 -0.24 -0.13 -0.30 -0.33 -0.28 -0.37 -0.37 -0.67 -0.73 -0.74 
Nov -0.50 -0.57 -0.56 -0.50 -0.57 -0.56 -0.65 -0.72 -0.73 -1.22 -1.23 -1.44 
Dec -0.82 -0.87 -0.88 -0.82 -0.78 -0.81 -0.91 -0.95 -0.98 -1.38 -1.37 -1.80 
Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed 
system in this study, respectively  
Shaded area [  ] means that the scale value out of PPD 10% 
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Table 6.15 Monthly averaged PMV scale of NW and SW unit in residential building 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.43 0.42 0.42 0.18 0.43 0.42 0.42 0.18 0.43 0.42 0.42 0.18 
Feb 0.44 0.45 0.45 0.15 0.44 0.45 0.45 0.15 0.44 0.45 0.45 0.15 
Mar 0.44 0.48 0.48 0.35 0.44 0.48 0.48 0.35 0.44 0.48 0.48 0.35 
Apr 0.44 0.58 0.58 0.45 0.44 0.58 0.58 0.45 0.44 0.58 0.58 0.45 
May -0.46 0.01 0.04 -0.48 -0.46 0.01 0.04 -0.48 -0.46 0.01 0.04 -0.48 
Jun -0.46 0.10 0.13 -0.46 -0.46 0.10 0.13 -0.46 -0.46 0.10 0.13 -0.46 
Jul -0.44 0.44 0.49 -0.45 -0.44 0.44 0.49 -0.45 -0.44 0.44 0.49 -0.45 
Aug -0.45 0.36 0.40 -0.45 -0.45 0.36 0.40 -0.45 -0.45 0.36 0.40 -0.45 
Sep -0.45 0.28 0.32 -0.47 -0.45 0.28 0.32 -0.47 -0.45 0.28 0.32 -0.47 
Oct 0.47 0.84 0.86 0.46 0.47 0.84 0.86 0.46 0.47 0.84 0.86 0.46 
Nov 0.45 0.58 0.57 0.40 0.45 0.58 0.57 0.40 0.45 0.58 0.57 0.40 
Dec 0.50 0.29 0.32 0.09 0.50 0.29 0.32 0.09 0.50 0.29 0.32 0.09 
 Los Angelis Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.10 0.06 -0.03 -0.09 -0.08 -0.18 -0.04 -0.04 -0.14 -0.29 -0.19 -0.31 
Feb 0.15 0.10 0.02 0.05 0.00 -0.07 0.07 0.04 -0.06 -0.24 -0.18 -0.28 
Mar 0.17 0.11 0.06 0.04 -0.01 -0.08 0.02 0.00 -0.10 -0.11 -0.08 -0.19 
Apr 0.23 0.17 0.13 0.25 0.15 0.12 0.08 0.05 -0.05 0.00 -0.02 -0.11 
May -0.71 -0.78 -0.79 -0.58 -0.69 -0.73 -0.92 -0.96 -1.06 -0.77 -0.83 -0.87 
Jun -0.67 -0.73 -0.72 -0.16 -0.30 -0.41 -0.86 -0.92 -0.99 -0.32 -0.45 -0.45 
Jul -0.57 -0.64 -0.59 0.09 -0.05 -0.20 -0.77 -0.85 -0.90 0.07 -0.17 -0.14 
Aug -0.51 -0.58 -0.54 0.06 -0.07 -0.22 -0.74 -0.82 -0.88 0.12 -0.13 -0.10 
Sep -0.52 -0.59 -0.55 -0.16 -0.29 -0.38 -0.67 -0.75 -0.80 -0.54 -0.62 -0.61 
Oct 0.38 0.31 0.32 0.34 0.25 0.22 0.25 0.18 0.13 0.18 0.14 0.09 
Nov 0.27 0.20 0.17 0.10 0.04 -0.04 0.10 0.06 -0.03 -0.04 -0.03 -0.11 
Dec 0.16 -0.01 -0.08 -0.06 -0.18 -0.29 -0.03 -0.10 -0.23 -0.26 -0.22 -0.33 
Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed 
system in this study, respectively  
Shaded area [  ] means that the scale value out of PPD 10% 
 
202 
 
Table 6.15 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan -0.19 -0.14 -0.22 -0.23 -0.17 -0.28 -0.37 -0.23 -0.35 -0.27 -0.18 -0.26 
Feb -0.12 -0.09 -0.18 -0.17 -0.13 -0.25 -0.31 -0.21 -0.33 -0.23 -0.16 -0.24 
Mar -0.09 -0.08 -0.18 -0.12 -0.09 -0.20 -0.23 -0.17 -0.26 -0.16 -0.12 -0.19 
Apr 0.04 -0.01 -0.08 -0.05 -0.04 -0.16 -0.07 -0.06 -0.16 -0.04 -0.05 -0.12 
May -0.77 -0.85 -0.90 -0.93 -0.96 -1.07 -0.84 -0.88 -0.97 -0.96 -0.99 -1.06 
Jun -0.56 -0.66 -0.66 -0.82 -0.89 -0.95 -0.49 -0.58 -0.59 -0.76 -0.83 -0.87 
Jul -0.35 -0.45 -0.49 -0.66 -0.74 -0.76 -0.28 -0.38 -0.39 -0.50 -0.59 -0.58 
Aug -0.37 -0.46 -0.48 -0.63 -0.70 -0.71 -0.31 -0.45 -0.42 -0.55 -0.63 -0.63 
Sep -0.53 -0.62 -0.61 -0.78 -0.83 -0.93 -0.63 -0.69 -0.72 -0.74 -0.82 -0.88 
Oct 0.16 0.10 0.04 0.03 0.01 -0.10 0.05 0.03 -0.05 0.05 0.02 -0.05 
Nov -0.07 -0.07 -0.16 -0.17 -0.13 -0.25 -0.18 -0.13 -0.23 -0.17 -0.13 -0.21 
Dec -0.18 -0.22 -0.33 -0.22 -0.17 -0.28 -0.35 -0.24 -0.36 -0.29 -0.25 -0.35 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan -0.53 -0.25 -0.34 -0.44 -0.25 -0.33 -0.57 -0.27 -0.35 -1.80 -0.31 -0.40 
Feb -0.40 -0.23 -0.32 -0.35 -0.21 -0.31 -0.53 -0.25 -0.34 -1.39 -0.30 -0.38 
Mar -0.25 -0.16 -0.26 -0.19 -0.14 -0.22 -0.35 -0.21 -0.31 -0.53 -0.24 -0.33 
Apr -0.06 -0.05 -0.12 -0.14 -0.12 -0.19 -0.20 -0.15 -0.23 -0.27 -0.18 -0.26 
May -0.78 -0.83 -0.89 -1.05 -1.06 -1.15 -1.14 -1.11 -1.21 -1.11 -1.10 -1.19 
Jun -0.48 -0.58 -0.60 -0.81 -0.87 -0.92 -0.81 -0.87 -0.93 -0.79 -0.86 -0.92 
Jul -0.25 -0.41 -0.39 -0.56 -0.66 -0.67 -0.58 -0.66 -0.66 -0.68 -0.75 -0.79 
Aug -0.30 -0.44 -0.40 -0.61 -0.70 -0.72 -0.67 -0.73 -0.78 -0.87 -0.91 -1.00 
Sep -0.73 -0.79 -0.82 -0.84 -0.90 -0.96 -0.98 -1.00 -1.12 -1.21 -1.15 -1.26 
Oct -0.03 -0.03 -0.11 -0.07 -0.07 -0.15 -0.14 -0.11 -0.20 -0.34 -0.21 -0.30 
Nov -0.25 -0.16 -0.26 -0.25 -0.18 -0.27 -0.33 -0.20 -0.29 -0.73 -0.28 -0.37 
Dec -0.43 -0.26 -0.36 -0.41 -0.26 -0.36 -0.50 -0.27 -0.36 -1.14 -0.31 -0.39 
Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed 
system in this study, respectively  
Shaded area [  ] means that the scale value out of PPD 10% 
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6.5.4 Heating and cooling energy consumption 
The heating and cooling energy consumption for both building types and each location 
are presented in the previous subsection. Although the energy consumption characteristics of the 
HHSR system was evaluated by comparing it to the conventional radiant systems, it is only for a 
specified week which has the design day to design the size of HVAC system for heating and 
cooling.  Therefore, it is necessary to investigate the annual energy consumption pattern to 
evaluate the HHSR system more generally. 
Table 6.16 and 6.17 illustrate the monthly heating and cooling energy consumption in the 
office building using the three different systems. As was seen in the results of the design day 
week simulation, the HHSR system has the potential to save heating and cooling energy 
compared to the conventional radiant system with a dedicated outdoor air system (DOAS), 
DOAS+RAD system.  
With respect to outdoor air control, the DOAS+RAD system needs heating energy when 
the outdoor air temperature is below the ventilation set point temperature (21 ºC) even in the 
very hot and humid climate, Miami. This need for heating can also play a role in the summer in 
other climate conditions. Depending on the climate condition, the HHSR system uses 10-50% 
less heating energy than the DOAS+RAD system during heating season. In the summer, there is 
no significant difference in the heating energy demand for both systems.  
The results during cooling operation do not differ much from the results during heating 
mode as The HHSR system also uses less energy for cooling than the DOAS+RAD system. 
Except July and August for Houston and July for Phoenix, the HHSR system uses less cooling 
energy than the DOAS+RAD system. Although the cooling energy saving potential is different 
depending on the climate condition, the cooling energy saving percentage for the HHSR system 
over the DOAS+RAD system ranged from 10 to 80%. 
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Table 6.16 Monthly purchased heating energy for the office building in MWh 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.00 15.60 2.22 6.94 24.02 20.93 3.92 18.26 13.32 18.65 46.91 42.85 
Feb 0.01 6.65 0.54 6.28 23.90 20.73 1.95 13.34 9.03 11.70 36.90 32.66 
Mar 0.00 8.06 0.53 1.17 10.13 6.53 0.61 6.21 2.69 3.82 20.40 15.00 
Apr 0.00 1.27 0.00 0.01 3.37 1.02 0.00 2.01 0.11 1.56 8.44 4.97 
May 0.00 0.11 0.00 0.00 0.54 0.03 0.00 0.38 0.00 0.00 2.99 0.54 
Jun 0.00 0.00 0.00 0.00 0.01 0.00 0.00 0.02 0.00 0.00 0.20 0.00 
Jul 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.13 0.00 
Aug 0.00 0.00 0.00 0.00 0.08 0.00 0.00 0.00 0.00 0.00 0.26 0.00 
Sep 0.00 0.00 0.00 0.00 0.10 0.00 0.00 0.05 0.00 0.00 0.64 0.00 
Oct 0.00 0.37 0.00 0.00 2.02 0.50 0.00 1.62 0.04 0.19 8.08 3.54 
Nov 0.00 0.95 0.00 0.71 7.23 4.17 0.17 5.89 2.47 5.08 22.86 17.94 
Dec 0.00 6.73 0.21 5.95 21.39 17.97 4.98 19.80 15.51 13.26 38.72 34.77 
 Los Angeles Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 2.57 14.96 9.74 10.27 32.42 27.28 9.99 33.10 27.34 30.41 71.44 68.79 
Feb 1.05 13.24 7.24 2.56 15.48 10.13 3.45 18.86 13.06 20.48 54.65 51.89 
Mar 0.52 12.29 5.53 2.35 15.96 10.19 3.99 23.93 16.25 11.07 39.45 34.00 
Apr 0.25 8.81 2.52 0.01 2.92 0.50 1.96 15.98 9.87 4.26 20.29 15.05 
May 0.06 6.31 0.68 0.00 1.73 0.26 0.35 11.32 5.69 0.50 7.96 3.44 
Jun 0.00 4.70 0.02 0.00 0.07 0.00 0.04 10.20 3.36 0.00 0.86 0.00 
Jul 0.00 1.72 0.00 0.00 0.00 0.00 0.00 7.33 1.07 0.00 0.17 0.00 
Aug 0.00 1.52 0.00 0.00 0.00 0.00 0.00 7.53 1.28 0.00 0.35 0.00 
Sep 0.00 2.20 0.00 0.00 0.06 0.00 0.00 5.79 1.14 0.00 3.12 0.96 
Oct 0.00 4.22 0.30 0.00 2.28 0.31 0.19 9.10 4.18 2.66 13.76 9.87 
Nov 0.15 7.48 2.80 1.64 13.20 8.03 2.36 16.73 11.10 9.40 30.98 26.49 
Dec 1.44 12.03 7.18 7.61 26.87 21.53 8.13 29.99 24.14 23.99 60.43 58.40 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.16 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan 30.41 45.12 40.93 23.37 54.57 52.88 40.06 87.73 86.51 2.79 5.89 5.56 
Feb 20.48 32.59 27.58 14.65 39.84 36.66 27.54 68.87 67.65 1.87 4.72 4.40 
Mar 11.07 28.43 22.28 13.61 41.67 36.10 20.30 59.84 55.78 1.27 3.98 3.48 
Apr 4.26 12.72 7.11 7.26 28.07 22.45 7.72 27.42 22.74 0.48 2.10 1.66 
May 0.50 3.26 0.61 1.51 15.36 8.82 1.17 9.66 5.66 0.20 1.25 0.75 
Jun 0.00 0.81 0.00 0.21 9.52 3.26 0.00 1.90 0.07 0.04 0.49 0.21 
Jul 0.00 0.12 0.00 0.00 4.51 0.54 0.00 0.40 0.00 0.00 0.09 0.00 
Aug 0.00 0.67 0.00 0.00 4.96 0.19 0.00 0.79 0.00 0.00 0.15 0.00 
Sep 0.00 1.72 0.07 1.04 10.26 5.70 0.14 4.60 2.05 0.04 0.64 0.29 
Oct 2.66 12.40 7.33 5.25 22.87 18.10 4.90 19.89 15.82 0.37 1.65 1.26 
Nov 9.40 27.74 22.58 15.32 41.68 38.52 17.12 48.51 45.71 1.44 3.92 3.47 
Dec 23.99 44.45 39.93 22.35 54.07 52.72 32.81 75.04 74.03 2.56 5.92 5.63 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan 57.02 119.31 117.28 57.02 90.93 88.83 60.73 123.23 120.78 93.84 176.20 158.33 
Feb 37.75 89.74 88.45 37.75 67.75 65.98 45.95 98.94 97.22 75.93 149.44 139.21 
Mar 23.52 65.44 61.35 23.52 49.39 45.10 33.37 84.44 81.54 53.28 119.14 115.75 
Apr 7.23 28.38 23.40 7.23 33.41 28.25 15.07 46.56 42.12 22.40 64.90 60.69 
May 1.34 11.14 5.73 1.34 16.92 11.17 6.74 26.42 20.89 5.04 25.94 18.21 
Jun 0.00 2.58 0.11 0.00 7.63 3.80 0.06 8.38 2.54 0.57 10.06 4.29 
Jul 0.00 0.94 0.00 0.00 1.65 0.00 0.00 3.67 0.98 0.22 6.39 2.17 
Aug 0.00 1.07 0.00 0.00 4.93 0.83 0.35 8.01 2.78 1.19 14.79 7.97 
Sep 0.19 7.83 2.88 0.19 10.13 5.31 3.40 20.07 14.36 10.64 37.11 32.23 
Oct 8.20 29.46 24.24 8.20 27.55 23.38 13.92 40.63 36.08 36.61 82.97 81.22 
Nov 25.07 62.59 60.43 25.07 51.94 48.92 32.54 72.19 70.24 69.30 136.56 132.56 
Dec 44.42 98.55 97.67 44.42 83.60 82.38 51.48 108.52 107.78 81.52 160.62 149.82 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.17 Monthly purchased cooling energy rate for the office building in MWh 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 37.83 15.97 3.87 21.99 20.89 14.65 26.71 21.98 14.20 12.15 8.97 2.44 
Feb 37.55 15.86 3.95 19.58 17.01 11.53 27.06 22.54 15.77 14.36 10.91 4.79 
Mar 46.04 19.44 4.90 34.08 32.81 25.52 48.85 48.21 40.89 28.25 22.82 13.30 
Apr 47.86 21.30 5.69 37.48 43.42 37.28 53.45 56.71 52.27 36.20 33.87 27.02 
May 38.72 23.58 6.63 41.28 61.91 59.12 66.42 74.39 73.08 47.94 50.61 44.74 
Jun 41.17 25.93 7.37 43.21 75.20 74.52 78.55 98.08 98.05 53.24 65.92 63.96 
Jul 37.25 25.44 7.34 39.22 75.31 76.21 75.00 98.79 98.76 45.39 65.75 64.57 
Aug 40.94 27.81 7.91 41.97 76.60 77.69 79.81 101.83 101.94 49.06 69.47 67.41 
Sep 35.54 22.88 6.57 46.23 63.74 63.08 69.18 84.08 83.93 41.95 55.32 51.28 
Oct 40.05 22.27 6.12 39.85 50.86 46.80 57.72 62.17 58.45 38.49 35.35 27.35 
Nov 41.99 19.61 5.26 34.38 35.31 28.44 42.51 40.24 33.32 22.52 17.55 9.73 
Dec 42.46 16.37 4.00 19.19 16.90 10.45 24.79 20.98 13.50 13.48 9.71 3.91 
 Los Angeles Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 28.46 22.69 14.56 19.12 14.86 6.86 16.13 11.91 2.88 6.85 4.67 0.36 
Feb 28.66 22.87 13.23 26.72 21.83 13.36 21.75 16.31 7.49 7.98 5.57 0.58 
Mar 36.09 29.94 18.86 34.93 29.18 19.63 24.77 18.32 7.42 17.60 12.88 4.75 
Apr 38.47 33.11 22.29 49.69 49.26 43.04 26.94 21.17 11.26 23.04 17.58 9.47 
May 44.49 39.50 29.09 63.28 67.97 63.79 35.09 29.09 18.61 36.94 36.27 27.90 
Jun 49.92 45.24 35.93 79.33 95.89 94.55 41.29 35.74 23.32 52.01 64.14 60.31 
Jul 51.86 51.55 45.35 82.99 103.25 101.34 44.02 39.03 27.62 48.72 68.79 67.36 
Aug 54.77 57.08 51.31 84.87 105.33 104.34 46.58 40.89 29.49 50.29 72.29 71.43 
Sep 50.31 51.21 42.55 71.13 81.94 80.84 43.64 39.68 30.36 46.78 47.89 41.78 
Oct 45.89 41.74 33.56 53.88 54.27 48.67 37.55 32.12 22.24 32.67 29.80 22.18 
Nov 37.86 32.65 23.65 32.39 27.10 18.08 24.26 18.35 8.83 18.59 14.34 6.62 
Dec 31.09 25.95 17.85 21.92 17.14 9.25 15.74 11.24 2.34 6.24 4.15 0.16 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.17 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan 6.85 10.83 4.14 5.76 3.18 0.05 3.56 2.19 0.00 10.42 7.96 2.87 
Feb 7.98 13.41 5.67 9.44 6.19 0.99 4.66 3.14 0.28 9.80 7.70 2.57 
Mar 17.60 18.42 9.64 16.07 11.33 3.43 10.47 7.10 1.03 18.19 14.20 6.40 
Apr 23.04 29.01 19.13 17.85 13.19 4.31 17.43 13.25 5.13 24.66 20.88 12.79 
May 36.94 54.99 47.72 33.01 27.85 15.56 37.71 34.51 26.71 34.92 32.13 22.90 
Jun 52.01 68.50 64.69 42.98 37.52 25.52 53.73 60.41 55.14 49.69 49.96 42.87 
Jul 48.72 74.03 71.72 48.14 44.82 36.12 54.58 66.17 63.75 58.58 62.48 58.61 
Aug 50.29 73.84 70.12 53.88 49.11 39.37 51.78 62.10 58.48 61.29 64.30 59.20 
Sep 46.78 56.16 50.20 36.01 32.58 23.50 43.54 42.84 35.85 44.21 43.78 36.40 
Oct 32.67 34.65 24.68 19.65 14.93 6.65 24.60 20.06 13.13 29.95 26.46 18.98 
Nov 18.59 17.58 9.42 8.94 5.71 0.38 9.90 7.17 1.87 13.83 10.74 3.90 
Dec 6.24 10.83 3.73 4.56 2.54 0.00 3.78 2.50 0.00 9.15 6.92 1.79 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan 1.70 0.95 0.00 1.70 2.09 0.05 1.40 0.85 0.00 0.15 0.10 0.00 
Feb 3.55 2.32 0.00 3.55 3.83 0.82 2.39 1.42 0.00 0.44 0.30 0.00 
Mar 10.33 7.21 1.16 10.33 12.21 5.19 7.18 4.74 0.08 3.89 2.63 0.06 
Apr 18.51 13.80 5.56 18.51 10.98 2.59 11.46 7.98 0.92 11.01 7.65 0.84 
May 40.24 36.85 27.24 40.24 25.65 15.43 21.01 16.22 7.45 27.40 21.57 9.58 
Jun 53.41 57.86 51.87 53.41 43.80 35.97 43.95 40.24 29.37 48.83 43.81 33.01 
Jul 52.65 62.03 58.99 52.65 60.84 55.45 46.44 49.72 42.23 49.35 45.60 36.84 
Aug 54.14 63.47 59.50 54.14 57.93 49.10 49.15 45.06 34.92 39.91 33.66 21.02 
Sep 40.45 36.31 26.55 40.45 34.22 25.05 25.66 21.27 10.87 14.95 10.89 3.07 
Oct 19.39 14.78 6.47 19.39 15.38 8.29 13.96 10.35 3.31 4.75 3.39 0.14 
Nov 7.62 5.54 1.46 7.62 5.82 0.72 5.24 3.59 0.33 0.37 0.17 0.00 
Dec 2.77 1.74 0.00 2.77 1.82 0.06 1.75 0.88 0.00 0.13 0.00 0.00 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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The ventilation method is another way to illustrate the energy saving potential. In the 
HHSR system, the ventilation air temperature is depends on the water outlet temperature. This is 
ranged from 5 ºC to 15 ºC during the heating week conditions and 20.3 ºC-20.5 ºC in the cooling 
week. Comparing the air outlet temperature of DOAS+RAD systems which is 21 ºC for heating 
and 24 ºC for cooling, it is the effect of a convective cooling source that would help under typical 
office conditions of high internal load and direct solar radiation, when the air is supplied at that 
temperature. 
The annual energy consumption of the three different systems for the office building 
cases is summarized in Figures 6.42 and 6.43. The HHSR system requires less heating and 
cooling energy when compared with the DOAS+RAD system. The largest percentage heating 
energy saving is shown in the results from Los Angeles (60%). Large savings are also shown for 
San Francisco (38%), Phoenix (36%), Las Vegas (30%), and Houston (23%). 
During cooling operation, the HHSR system shows the largest percentage savings on 
cooling energy in San Francisco, which represents the Warm-Marine Climate Zone. For this 
climate, it was shown that the HHSR system operates using 69% less cooling energy than the 
DOAS+RAD system under the same internal load condition and outdoor condition. Fairbanks 
(38%), Seattle (37%), Duluth (36%), and Boulder (23%) also showed significant benefits for the 
HHSR system. 
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 Typical System controls the space sensible load only and there is no ventilation air control.  
 
Figure 6.42 Annual purchased heating energy of the office building in each climate condition 
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 Typical System controls the space sensible load only and there is no ventilation air control.  
 
Figure 6.43 Annual purchased cooling energy of the office building in each climate condition
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Although Miami has the highest heating and cooling energy saving potential with the 
HHSR system, it has drawbacks such as system interruption due to surface condensation and the 
high potential for water to condense in the internal air tube. Excluding Miami, it might be 
concluded that San Francisco, CA, is the most favorable site for using the HHSR system as the 
primary HVAC system for the office building based on the heating and cooling energy 
consumption.  
In the case of the residential building, the internal load condition and occupancy schedule 
is quite different than the office building. This impacts the energy consumption patterns. Table 
6.18 and 6.19 summarizes the monthly heating and cooling energy for two residential units.   
Comparing the radiant system with a dedicated outdoor air system, the DOAS+RAD 
system, and the HHSR system did not always show savings from the perspective of heating and 
cooling energy consumption in several locations. In ‗Cold‘ climate zones such as Baltimore, 
Boulder, and Helena, the HHSR system occasionally requires more energy in heating operation 
than the DOAS+RAD system in Table 6.18. Although the HHSR system has cooling energy 
saving potential in most locations and locations, the savings are not as significant as for the 
office building during cooling mode. As shown in Table 6.19, the differential in cooling energy 
consumption ranged from 10% to 15% during summer.  
As illustrated in the office building analysis, the ventilation air of the HHSR system 
occasionally lower the space mean air temperature due to the low water flow rate. In contrast to 
the office building, this might cause additional heating demand in the residential unit which 
generally has a lower internal load level. 
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Table 6.18 Monthly purchased heating energy for the residential units in MWh 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.07 0.44 0.34 1.13 2.51 2.45 0.62 2.06 2.01 2.51 4.57 4.60 
Feb 0.01 0.24 0.16 1.03 2.34 2.39 0.55 1.85 1.82 1.79 3.44 3.50 
Mar 0.01 0.20 0.13 0.31 1.17 1.05 0.15 0.72 0.51 0.76 2.17 2.07 
Apr 0.00 0.04 0.00 0.03 0.33 0.25 0.00 0.31 0.16 0.28 1.08 0.94 
May 0.00 0.01 0.00 0.00 0.09 0.04 0.00 0.10 0.00 0.01 0.25 0.08 
Jun 0.00 0.00 0.00 0.00 0.01 0.00 0.00 0.01 0.00 0.00 0.05 0.00 
Jul 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.02 0.00 
Aug 0.00 0.00 0.00 0.00 0.01 0.00 0.00 0.00 0.00 0.00 0.03 0.00 
Sep 0.00 0.00 0.00 0.00 0.03 0.00 0.00 0.01 0.00 0.00 0.08 0.00 
Oct 0.00 0.02 0.00 0.01 0.33 0.13 0.00 0.23 0.05 0.14 0.89 0.72 
Nov 0.00 0.07 0.00 0.22 1.00 0.86 0.06 0.73 0.62 0.86 2.44 2.35 
Dec 0.00 0.21 0.11 1.04 2.65 2.51 0.85 2.32 2.23 1.98 3.85 3.98 
 Los Angeles Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.30 1.57 1.41 1.58 3.70 3.66 1.35 3.34 3.66 3.96 6.43 6.61 
Feb 0.16 1.30 1.14 0.55 1.92 1.74 0.48 1.92 1.74 3.02 5.06 5.20 
Mar 0.10 1.08 0.90 0.54 1.98 1.78 0.73 2.41 1.78 1.91 3.97 3.88 
Apr 0.03 0.80 0.50 0.02 0.44 0.37 0.42 1.80 0.37 0.81 2.36 2.14 
May 0.00 0.57 0.25 0.01 0.26 0.17 0.20 1.38 0.17 0.14 0.89 0.78 
Jun 0.00 0.46 0.05 0.00 0.02 0.00 0.06 0.99 0.00 0.00 0.17 0.05 
Jul 0.00 0.24 0.00 0.00 0.00 0.00 0.01 0.76 0.00 0.00 0.06 0.00 
Aug 0.00 0.22 0.00 0.00 0.00 0.00 0.01 0.73 0.00 0.00 0.08 0.01 
Sep 0.00 0.23 0.01 0.00 0.03 0.00 0.01 0.66 0.00 0.02 0.39 0.21 
Oct 0.00 0.42 0.12 0.02 0.44 0.31 0.05 0.94 0.31 0.53 1.72 1.61 
Nov 
0.04 0.76 0.51 0.40 1.69 1.55 0.30 1.67 1.55 
1.49 3.34 3.12 
Dec 0.19 1.25 1.12 1.30 3.33 3.19 1.20 3.09 3.19 3.56 
5.69 6.11 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.18 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan 2.56 4.76 4.76 3.06 4.92 5.49 3.06 7.62 7.80 3.32 5.75 5.69 
Feb 1.76 3.64 3.46 2.12 3.81 4.02 2.12 6.11 6.24 2.68 4.69 4.74 
Mar 1.43 3.23 3.09 2.11 4.06 3.93 2.11 5.21 5.26 2.15 4.27 4.16 
Apr 0.41 1.50 1.44 1.27 2.95 2.73 1.27 3.37 3.27 1.03 2.54 2.50 
May 0.05 0.53 0.38 0.44 1.74 1.54 0.44 1.34 1.19 0.45 1.56 1.45 
Jun 0.00 0.17 0.02 0.09 0.96 0.75 0.09 0.31 0.17 0.13 0.65 0.52 
Jul 0.00 0.04 0.00 0.00 0.54 0.25 0.00 0.13 0.01 0.00 0.14 0.00 
Aug 0.00 0.10 0.00 0.00 0.48 0.17 0.00 0.18 0.04 0.00 0.27 0.05 
Sep 0.00 0.25 0.05 0.19 1.13 0.99 0.19 0.61 0.48 0.14 0.87 0.79 
Oct 0.36 1.42 1.32 0.79 2.26 2.13 0.79 2.32 2.17 0.82 2.21 2.23 
Nov 1.42 3.22 3.15 2.30 4.11 4.13 2.30 4.55 4.82 2.21 4.21 4.31 
Dec 2.66 4.85 4.76 3.26 5.03 5.55 3.26 7.04 7.56 3.56 5.96 6.02 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan 6.84 10.03 10.11 5.32 7.85 8.11 7.11 10.47 10.53 10.19 15.04 14.72 
Feb 4.99 7.63 7.69 4.00 6.11 6.38 5.89 8.64 8.64 8.51 12.70 12.44 
Mar 3.45 5.84 5.94 2.64 4.78 4.71 4.65 7.41 7.41 6.62 10.20 9.97 
Apr 1.45 3.18 3.00 1.62 3.46 3.52 2.53 4.68 4.74 3.40 5.85 5.72 
May 0.24 1.16 1.00 0.64 2.11 1.91 1.25 2.98 2.81 0.97 2.81 2.60 
Jun 0.00 0.31 0.18 0.28 1.08 0.94 0.13 1.01 0.81 0.18 1.08 0.75 
Jul 0.00 0.18 0.04 0.00 0.32 0.11 0.04 0.53 0.37 0.07 0.76 0.49 
Aug 0.00 0.20 0.02 0.01 0.49 6.83 0.12 0.88 0.67 0.37 1.58 1.35 
Sep 0.11 0.87 0.67 0.29 1.28 1.10 0.62 2.00 1.90 1.78 3.66 3.54 
Oct 1.33 3.16 3.01 1.35 3.02 2.95 2.06 4.00 4.10 4.62 7.08 7.29 
Nov 3.46 5.52 5.95 2.94 4.88 5.18 4.42 6.67 6.93 7.92 11.52 11.54 
Dec 5.87 8.80 9.11 4.95 7.23 7.62 6.61 9.74 9.88 9.17 13.85 13.57 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.19 Monthly purchased cooling energy for the residential building in MWh 
 Miami Houston Phoenix Atlanta 
 T D+R H T D+R H T D+R H T D+R H 
Jan 2.60 2.88 2.59 1.11 1.38 1.23 1.13 1.37 1.22 0.28 0.62 0.36 
Feb 2.50 2.85 2.58 0.82 1.10 0.89 1.30 1.53 1.47 0.49 0.79 0.60 
Mar 2.96 3.33 3.08 1.75 1.90 1.76 2.57 2.74 2.50 0.98 1.22 1.05 
Apr 3.41 4.45 3.77 2.46 2.86 2.53 3.34 3.85 3.26 1.92 2.06 1.87 
May 2.70 4.58 3.95 2.98 4.09 3.54 4.34 5.26 4.47 2.99 3.19 2.84 
Jun 2.63 4.97 4.17 2.88 5.05 4.20 5.32 6.89 5.97 3.64 4.29 3.74 
Jul 2.00 4.64 4.30 2.34 4.88 4.35 5.73 7.55 6.59 3.23 4.71 3.99 
Aug 2.38 4.95 4.49 2.50 4.68 4.23 5.63 7.35 6.38 3.52 4.65 3.97 
Sep 2.08 4.31 3.92 3.04 4.39 3.78 5.02 6.35 5.43 3.18 3.65 3.20 
Oct 2.79 4.40 3.93 2.63 3.29 2.73 3.70 4.24 3.59 2.02 2.07 1.95 
Nov 3.10 3.87 3.28 1.92 2.19 1.94 2.20 2.42 2.10 0.76 1.05 0.86 
Dec 2.79 2.81 2.65 0.80 1.14 0.97 1.07 1.30 1.17 0.31 0.67 0.43 
 Los Angeles Las Vegas San Francisco Baltimore 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.99 1.20 1.14 0.60 1.06 0.78 0.33 0.73 0.45 0.06 0.14 0.14 
Feb 1.01 1.20 1.09 1.02 1.27 1.18 0.59 0.89 0.76 0.08 0.19 0.19 
Mar 1.32 1.36 1.27 1.33 1.58 1.48 0.60 0.92 0.80 0.44 0.55 0.55 
Apr 1.62 1.56 1.40 2.72 2.94 2.64 0.94 1.17 1.06 0.72 0.86 0.87 
May 2.05 1.91 1.72 3.62 4.27 3.63 1.30 1.39 1.34 1.91 1.89 1.89 
Jun 2.17 1.97 1.76 4.98 6.28 5.40 1.47 1.52 1.40 3.05 3.19 3.19 
Jul 2.84 2.60 2.48 5.65 7.30 6.33 1.87 1.87 1.72 3.33 3.92 3.92 
Aug 2.95 2.77 2.61 5.46 7.00 6.03 1.80 1.73 1.64 3.13 3.75 13.62 
Sep 2.78 2.66 2.45 4.65 5.76 4.83 1.96 1.92 1.80 2.48 2.30 2.30 
Oct 2.31 2.14 1.94 2.89 3.12 2.74 1.53 1.52 1.44 1.55 1.59 1.59 
Nov 1.63 1.56 1.43 1.28 1.44 1.35 0.67 0.92 0.81 0.49 0.59 0.59 
Dec 1.24 1.36 1.29 0.70 1.10 0.89 0.28 0.60 0.36 0.04 0.10 0.10 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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Table 6.19 (Continued) 
 Albuquerque Seattle Chicago Boulder 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.37 0.82 0.55 0.02 0.22 0.06 0.02 0.23 0.06 0.21 0.64 0.38 
Feb 0.53 0.98 0.72 0.10 0.35 0.18 0.10 0.31 0.12 0.28 0.65 0.46 
Mar 0.75 1.20 0.98 0.32 0.68 0.43 0.32 0.47 0.18 0.53 1.03 0.80 
Apr 1.50 1.72 1.62 0.48 0.83 0.59 0.48 0.87 0.65 0.99 1.32 1.17 
May 2.75 3.04 2.63 1.26 1.43 1.29 1.26 2.09 1.86 1.59 1.89 1.68 
Jun 3.53 4.06 3.41 1.69 1.73 1.59 1.69 3.38 2.93 2.40 2.70 2.29 
Jul 4.23 5.10 4.26 2.35 2.30 2.09 2.35 4.32 3.71 3.57 4.15 3.45 
Aug 3.94 4.50 3.84 2.37 2.25 2.08 2.37 3.47 3.00 3.16 3.66 2.94 
Sep 3.00 3.22 2.78 1.52 1.69 1.51 1.52 2.29 2.09 2.20 2.57 2.19 
Oct 1.67 1.86 1.70 0.49 0.70 0.55 0.49 1.14 0.97 1.26 1.56 1.40 
Nov 0.67 1.05 0.84 0.04 0.25 0.10 0.04 0.42 0.22 0.38 0.75 0.55 
Dec 0.40 0.82 0.56 0.00 0.15 0.02 0.00 0.14 0.03 0.20 0.59 0.35 
 Minneapolis Helena Duluth Fairbanks 
 T D+R H T D+R H T D+R H T D+R H 
Jan 0.00 0.13 0.00 0.01 0.14 0.04 0.00 0.07 0.00 0.00 0.00 0.00 
Feb 0.01 0.27 0.07 0.04 0.25 0.08 0.01 0.15 0.03 0.00 0.04 0.01 
Mar 0.14 0.54 0.24 0.41 0.85 0.56 0.02 0.37 0.07 0.03 0.23 0.06 
Apr 0.59 0.96 0.73 0.41 0.89 0.56 0.17 0.57 0.27 0.20 0.59 0.25 
May 2.04 2.33 2.05 1.15 1.45 1.23 0.78 1.13 0.89 0.95 1.38 1.05 
Jun 2.94 3.23 2.87 2.12 2.45 2.18 1.89 1.94 1.80 2.09 2.11 1.94 
Jul 3.30 3.76 3.39 3.31 3.54 3.10 2.59 2.77 2.44 2.41 2.36 2.21 
Aug 3.07 3.45 3.07 2.81 2.98 2.65 2.16 2.25 2.02 1.41 1.55 1.38 
Sep 1.84 1.86 1.75 1.73 1.93 1.78 0.82 1.02 0.84 0.38 0.71 0.44 
Oct 0.59 0.96 0.68 0.61 0.99 0.78 0.28 0.61 0.35 0.02 0.15 0.04 
Nov 0.12 0.35 0.18 0.10 0.41 0.19 0.05 0.20 0.07 0.00 0.00 0.00 
Dec 0.00 0.10 0.01 0.01 0.14 0.03 0.00 0.06 0.00 0.00 0.00 0.00 
 Where, T , D+R, and H mean Typical radiant system, radiant system with DOAS and the developed system 
in this study, respectively 
 Typical System controls the space sensible load only and there is no ventilation air control. 
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The monthly energy consumption data is summarized in Figures 6.44 and 6.45. Besides 
San Francisco (34%) and Los Angeles (32%), the heating energy consumption differential 
between the HHSR system and the DOAS+RAD system is less than 10%. In Chicago, Duluth, 
Seattle, Minneapolis, and Fairbanks, the HHSR system requires almost the same amount of 
heating energy comparing to the DOAS+RAD system over an annual period. However, the 
HHSR system needs more heating energy than the DOAS+RAD system in Boulder (-13%) and 
Helena (-16%).  
In annual cooling operation, HHSR system can operate most efficiently in Duluth (21%) 
which represents the Very Cold Climate Zone. In most locations, the annual cooling energy 
requirement differential between both systems is consistently around 15%. In Boulder, HHSR 
system has to put 25% of cooling energy more than DOAS+RAD system operation.  The energy 
consumption differentials between both systems are summarized in Table 6.20. 
 
Table 6.20 Annual heating and cooling energy savings of the HHSR system over the 
DOAS+RAD system as a percentage 
 
OFFICE Residential Unit 
Heating [%] Cooling [%] Heating [%] Cooling [%] 
Miami 91 73 40 11 
Houston 23 8 8 13 
Phoenix 36 6 11 13 
Atlanta 18 15 3 14 
Los Angelis 60 23 32 8 
Las Vegas 30 10 8 14 
San Francisco 38 39 35 10 
Baltimore 11 17 1 2 
Albuquerque 20 18 5 16 
Seattle 16 37 1 17 
Chicago 7 19 0 17 
Boulder 13 23 -13 -23 
Minneapolis 7 21 0 16 
Helena 9 28 -16 18 
Duluth 7 36 0 21 
Fairbanks 8 38 2 19 
 (-) means HHSR system need more energy than DOAS+RAD system 
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 Typical System controls the space sensible load only and there is no ventilation air control. 
Figure 6.44 Annual purchased heating energy of the residential units in each climate 
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 Typical System controls the space sensible load only and there is no ventilation air control.  
 
Figure 6.45 Annual purchased cooling energy of the residential units in each climate
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6.5.5 System interrupting due to surface condensation in cooling 
One of the most important issues that might potentially prevent the implementation of a 
radiant system as a primary HVAC system is surface condensation. Some researcher note that 
the radiant system might be free from surface condensation if the outdoor air with minimum 
amount of ventilation requirement is supplied into the space at the room air temperature 
(McDonell, 2008). 
The typical radiant system simulation model in EnergyPlus has an algorithm to help 
avoid surface condensation in a radiant cooling system. When the surface temperature is 
predicted to be at or below the space dew-point temperature, circulation of chilled water is 
stopped to avoid condensation (DOE, 2010).  
This algorithm is generic to the typical conventional radiant system, Typical system, and 
the hydronic radiant system with an outdoor air unit, DOAS+RAD system. The annual energy 
and indoor thermal environment simulation model for the proposed system, the HHSR system, 
also has this same algorithm to zero the water mass flow rate if it predicts that surface 
condensation will exist. In the transient simulation for all three radiant systems, the program 
automatically stops the water circulation and then reports the number of time that system 
shutdown due to the surface condensation takes place during the simulation period. 
Table 6.21 shows the system shutdown hours due to surface condensation in the annual 
run for office building. For the Typical case, it is predicted that the system is shut off due to the 
condensation during 1,254 hours per thermal zone even if it has cooling demand in Miami, the 
very hot and humid Climate zone. This is the reason why the space mean air temperature is far 
above the cooling set point temperature in Figure 6.16. In the most humid climate, the Typical 
system is occasionally shutdown during cooling mode by the surface condensation issue. When 
the generic radiant system is operated with the outdoor air system, this shutdown frequency is 
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reduced as the DOAS removes some moisture from the space. However, the condensation issue 
still remains in humid climates for the DOAS+RAD system. 
In the case of the HHSR system, the cooling operation is not interrupted by the surface 
condensation except in Miami and Houston. This is mainly because of the ventilated air 
conditions. Considering the temperature condition of the supply air (24 ºC or 21 ºC, depending 
on the outdoor air condition) of DOAS+RAD system, the ventilation air in the HHSR system is 
delivered into at the temperature of 20.2-20.5 ºC in the HHSR system configuration. If the 
outdoor air dew point temperature is above the water supply temperature (20 ºC), it might 
dehumidify the outdoor air moisture and result in condensation of water in the internal air tube. 
The cooled and dehumidified ventilation air is delivered and mixed with existing space air, and it 
results in a HHSR system that controls the space humidity to a lower level than the DOAS+RAD 
system, and this prevents the system from shutting down due to surface condensation. 
 
Table 6.21 Averaged system shutdown hours due to surface condensation 
Miami Houston Phoenix Atlanta 
Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR 
1254 147 5 105 92 14 7 0 0 45 8 0 
Los Angelis Las Vegas San Francisco Baltimore 
Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR 
17 0 0 1 0 0 0 0 0 34 27 0 
Albuquerque Seattle Chicago Boulder 
Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR 
27 1 0 0 0 0 40 19 0 19 8 0 
Minneapolis Helena Duluth Fairbanks 
Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR Typical DOAS+RAD HHSR 
15 8 0 0 0 0 4 0 0 0 0 0 
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6.5.6 Internal tube condensation of HHSR System 
As briefly described above, the system configuration of HHSR system might cause 
condensation on the internal surface of the air tube during cooling operation. At the given system 
operation condition, the primary heat transfer media, water, is supplied into the water loop at 20 
ºC. When the dew point temperature of the outdoor air is above the supply water temperature, 
some moisture from the outdoor air will be condensed at the inner surface of the air tube as 
illustrated in Figure 6.46.  
To evaluate the condensation occurrence and rates, the energy simulation model for the 
proposed system contains a sub-routine to calculate the condensation rate based on the 
ventilation air thermal properties and the outdoor air dew-point temperature in the air tube during 
every calculation step as described in the previous chapter, Chapter 5.  
 
 
Figure 6.46 Annual variances of the dew-point temperature of outdoor air and the 
ventilation air temperature in Miami, Climate zone 1A 
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Table 6.22 shows the amount of water condensation, the maximum condensation rate, 
and the total time during which condensation takes place in the air tube during annual simulation 
of the interior zone in the office building. The internal condensation in the air tube would be 
expected under hot and/or humid climate conditions such as Miami, Atlanta, Chicago, 
Minneapolis and Duluth.  Although the condensation happens in certain locations during cooling 
season and its volumetric rate in an hour (0.004m
3
/h, Miami) is a small portion of the air tube 
volume (0.432m
3
), it should be exhausted carefully to avoid transferring moisture into the space 
through re-evaporating, avoid the growth of mold and to provide an acceptable ventilation air 
condition. 
 
Table 6.22 Condensation water amount and rate in the air tube of the HHSR system 
Miami Houston 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
2895.3 4.0 6/30 12 0.0 0.0 - 
Phoenix Atlanta 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
0.0 0.0 7/3 09 286.8 3.1 7/29 10 
Los Angelis Las Vegas 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
0.0 0.0 - 0.0 0.0 - 
Albuquerque Seattle 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
0.0 0.0 - 0.0 0.0 - 
San Francisco Baltimore 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
0.0 0.0 - 0.0 0.0 - 
Chicago Boulder 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
173.3 3.6 8/24 21 0.0 0.0 - 
Minneapolis Helena 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
134.6 3.1 7/15 13 0.0 0.0 - 
Duluth Fairbanks 
Annual Amount 
[kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
Annual 
Amount [kg] 
Max. Rate[kg/h] 
Time 
[MM/DD H] 
17.3 2.3 7/08 15 0.0 0.0 - 
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6.5.7 System application as a passive cooling system 
In Chapter 3, the potential possibility of applying the proposed system as a passive 
cooling element by using high thermal mass was discussed. This potential was evaluated with the 
computation fluid dynamics in the series of the steady-state conditions. The results showed that 
the night ventilation using outdoor air passing through the air tube can control the surface and 
room air temperature to a relatively low level compared to the conventional night ventilation 
system under the same conditions. However, the actual impact of the system application on the 
building energy consumption was not investigated.  
The main purpose of this section is the actual energy performance evaluation when the 
proposed system is operated with night ventilation. The office model using the HHSR system is 
modified to control the air flow during the nighttime. From 12AM to 6AM, outdoor air is 
introduced into the inner tube and delivered into the space after circulating it through the 
concentric tube heat exchanger. This system operation is illustrated in the previous chapter, 
Chapter 5. The night ventilation air flow rate is set to 1ACH which is the same amount as in the 
previous evaluation. 
Figure 6.47 shows the outdoor air temperature and ventilation air temperatures of the 
HHSR system. During daytime operation, the zone inlet temperature is identical to the water 
outlet temperature. When the night ventilation mode is started, the zone outlet temperature was 
close to the outdoor temperature as illustrated in the figure. 
During nighttime ventilation, the radiant slab is pre-cooled 1 ºC lower than the daytime 
only operation. As shown in Figure 6.48, it results in reduced daytime cooling demand. Even if 
the passive cooling operation needs additional fan power, the purchased cooling energy is 
reduced by 6% over the daytime operation condition as summarized in Table 6.23. 
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Figure 6.47 Hourly temperature profile of the outdoor air and ventilation air for the 
cooling design day week (Climate zone 5A, Chicago) 
 
 
Figure 6.48 Hourly temperature profile of the MAT and Slab surface for the cooling 
design day week (Climate zone 5A, Chicago) 
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Table 6.23 Comparison of Purchased Cooling and Fan Energy using variations of 
nighttime ventilation in the HHSR system 
  No Night Vent Night Ventilation Differential 
Purchased Cooling [kWh] 1281.389 1212.344 6% 
Fan Energy[kWh] 4.515 6.62 31% 
 
6.6 Summary 
A transient energy simulation model for the proposed radiant system, the HHSR system, 
was developed and implemented in a whole building energy simulation program, EnergyPlus, in 
the previous chapter and exercised in this chapter. One of the most powerful advantages of the 
energy simulation program is that it enables to conduct many case studies under more realistic 
building condition. This is required to define the system characteristics and evaluate the system 
performance under actual operating conditions of a new HVAC system like the HHSR system. 
In this chapter, case studies were provided for three different radiant systems including 
the HHSR system under different building types and various climatic conditions. Prototypical 
models for a small office and residential apartment building were selected to achieve more 
realistic system performance data. The benchmark models have standardized  building 
description inputs such as size, shape, internal load schedule, ventilation and infiltration 
schedule, and wall and fenestration properties based the previous research and building surveys.  
To investigate the system response characteristics to the load conditions of the buildings 
in different climate conditions, 16 different Climate zones were used for the case studies. Each 
climate zone has representative locations from Fairbanks, AK to Miami, FL in the U.S. The 
annual energy simulations were conducted based on statistical weather files or the weather year 
for energy calculation (WYEC) of each location. 
The input files for the annual energy simulations were developed for three different 
radiant systems: the Typical system, the radiant system integrated with a dedicated outdoor air 
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system or the DOAS+RAD system, and the HHSR system, to simulate the annual energy 
consumption and the indoor thermal environment. The energy simulation inputs for the radiant 
systems were designed to have the same operation. This means that individual system had 
identical parameters such as the radiant slab geometry and thermal properties, primary heat 
source, thesetpoint conditions for heating and cooling operation, internal load levels, and 
operating hours.   
The proposed HHSR system and DOAS+RAD system have a type of coupled or 
decoupled outdoor air controller but the generic typical system does not have an outdoor air 
handling unit and thus does not include the impact of outdoor air requirements. For that reason, 
the system performance of the Typical system are not directly comparable with other systems.  
However, it would be meaningful to investigate the system performance enhancement of the 
system by incorporating additional forced air systems or by controlling the ventilation 
requirement without an auxiliary unit or component as was done with the steady state 
simulations. 
By analyzing two different building types, three different radiant systems, and sixteen 
different locations, a total of 96 different cases were simulated. The hourly space mean air 
temperature (MAT) and predicted mean vote (PMV) were reported for evaluating the indoor 
thermal environment. The simulation also reports the hourly purchased energy to control heating 
and cooling needs of the buildings. 
 From the annual simulation results, it was shown that the system performance of HHSR 
system allows the system to be considered as a viable HVAC system compared with 
conventional radiant systems for the office building type in most locations. Because of the 
enlarged contact surface area between the radiant panel and the water tube, the radiant panel 
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surface temperature is higher during heating and lower during cooling than the conventional 
radiant systems. Through the implementation of an air tube into the main heat transfer medium 
path, the concentric tube heat exchanger, the outdoor air flows into the tube and exchanges heat 
directly with the water tube. This also has an impact on the thermal conditions of the radiant 
slab. Considering that the nocturnal outdoor air in summer generally has a lower temperature 
than the mean air temperature of space in daytime, it can be a practical cooling source to damp or 
absorb the high thermal heat gains during the daytime.    
The ventilation air of the proposed system is tempered through the air tube, which 
exchanges heat with the water tube in the concentric tube heat exchanger. The air outlet 
temperature is identical to the water outlet temperature due to the sufficient length of the 
concentric tube heat exchanger. Although it depends on the water flow rate defined by the zone 
thermal load and operating mode, the air temperature of the tube outlet ranges from 10 ºC to 15 
ºC during heating operation and 20 ºC to 20.5 ºC during cooling operation. When the ventilation 
air of the HHSR system is supplied into the space in these temperature ranges, the air is able to 
not only satisfy the ventilation requirements for occupants, but also to control the zone heat gain 
by internal loads or direct solar radiation.  
Therefore, the radiant system configuration, which has an embedded concentric tube heat 
exchanger, and the ventilation air control characteristics result in the noteworthy advantages in 
the energy performance and indoor thermal environment under most climate conditions.  
In the office building case, the proposed system controls MAT more closely to the set 
point temperature (21 ºC for heating and 24 ºC for cooling) than the other radiant systems in both 
the perimeter zones and the interior zone. It also provides indoor thermal comfort levels where 
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the PPD (percentage of predicted discomfort) was less than or equal to 25% in the mild climate 
zones.  
In addition, the HHSR system allows the office building to save energy on heating and 
cooling to maintain appropriate indoor thermal conditions over the DOAS+RAD. Los Angeles is 
the most beneficial site for the HHSR system which exhibited the highest percentage annual 
heating energy saving (60%) compared to the DOAS+RAD system. Other climatic sites that also 
showed high percentage improvements over the DOAS+RAD system were San Francisco (38%), 
Phoenix (36%), and Las Vegas (30%). For cooling operation, the HHSR system was calculated 
to reduce the cooling energy by 38% over the DOAS+RAD system in San Francisco. Fairbanks 
(36%), Seattle (37%), and Duluth (36%) would also be favorable climates for the HHSR system 
to save cooling energy. 
The passive cooling application using the outdoor air ventilation during the nighttime was 
also investigated. When the outdoor air from 12AM to 6AM was circulated through the slab and 
then supplied into the interior space under the HHSR system during 7/19-7/25, it is calculated to 
save 5% of the daytime cooling energy for that time period in Chicago. 
Moreover, the HHSR system was able to operate more consistently in cooling mode 
without interrupting due to the surface condensation that is one of the most significant drawbacks 
of a typical radiant system. Even though the system shutdown time due to condensation is 
reduced by implementing the DOAS+RAD system, it still remains a possibility in various humid 
locations. For the HHSR system, there was no report of the system shutting down due to 
condensation in the 16 locations because of the low temperature and dehumidified ventilation air, 
which can control the indoor humidity level. 
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For the units in the residential apartment building which has a very different operation 
profile, the HHSR system can provide an acceptable space mean air temperature condition for 
the residential units in most locations. It also maintains the indoor thermal comfort level as 
‗Comfortable‘ in most locations.  
From the energy consumption perspective, it was not similar to the office building case. 
The energy usage for cooling and heating is different depending on the climate condit ions. It is 
anticipated that it can reduce the annual heating energy compared to the DOAS+RAD system in 
San Francisco (39%), Los Angeles (32%), and Phoenix (11%) but it requires more energy than 
the DOAS+RAD system in Helena (16%) and Boulder (13%). The annual cooling energy 
consumption pattern is different than the heating case. The HHSR system can save average 15% 
of cooling energy of DOAS+RAD system in most locations except Boulder (-23%) due to its 
outdoor air condition in cooling season. 
Although the system capabilities and energy saving potential were evaluated for the 
standardized building types in various locations, it is also found that some limitations should be 
considered when implementing and operating the system.  
In this case study, the water flow rate is controlled under variable flow rate logic. 
According to the logic, the water flow rate can be nearly zero when the mean air temperature is 
close to the set point temperature. This causes a large temperature drop between inlet and outlet 
temperature of water. This also has an impact on the ventilation air temperature. During heating 
operation, the ventilation air temperature is occasionally below than 5 ºC. This may cause 
additional heating demand for the residential units that have low internal heat gains and it has 
potential to make occupants‘ discomfort. Therefore, it is necessary to investigate another control 
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method for the water flow to ensure the temperature of the ventilation air remains at an 
appropriate temperature. 
Another key limitation is the internal condensation in the air tube. In most humid 
climates such as Miami, Phoenix, Atlanta, Chicago, Minneapolis and Duluth, the internal surface 
condensation is predicted during the cooling period. This needs to be controlled not only to 
supply a hygienic ventilation air into the space but also to ensure the heat transfer between the air 
tube and water tube. 
In summary, the system capabilities under more realistic building operation and potential 
for energy saving performance were evaluated in this chapter. In both the office and residential 
building, the proposed system provides acceptable indoor thermal conditions. Although the 
energy consumption performance was different by location and building type, it can be 
concluded that the system can be more energy efficient system than the conventional radiant 
system with an outdoor controller unit in most cases. It also clarified the surface condensation 
problem that is an obstacle to more frequent specification of conventional radiant cooling 
systems. 
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Chapter 7. Conclusions 
Radiant systems control the occupants‘ thermal sensation by radiant heat exchange 
between the human body and building components heated or cooled by a heat transfer medium, 
generally water, being circulated through the building component. Radiant systems have been 
considered to be one of the more practical HVAC systems due to their ability to control space 
thermal environment in terms of occupants‘ thermal comfort, improve indoor air quality and 
increase energy efficiency due to the relatively low or high temperature of the heat medium for 
heating and cooling, respectively.  
Even though it has been widely implemented into buildings as primary HVAC in many 
locations and its system characteristics verified during heating and cooling operation, radiant 
systems also have several drawbacks to overcome. First, conventional hydronic radiant systems 
have a closed water loop and no air loop, so the system is not able to control outdoor air for 
space ventilation requirements. In addition, water condensation on the radiant panel surface in 
cooling operation is possible under certain conditions and this often results in the system shutting 
down and thus failing to provide the appropriate thermal condition to the space. Moreover, it 
takes longer time than the conventional forced air system to make the set point condition due to 
high thermal mass effects of the radiant panel, generally concrete. Therefore, it is meaningful to 
investigate a new way to offset the problems to ensure the system performance during cooling. 
The main purpose of this study is to propose a new type of hydronic radiant system, the 
hybrid heat source radiant (HHSR) system, and evaluate its performance as an HVAC system 
that provides thermally comfortable conditions within a space. The HHSR system is designed to 
overcome the general weaknesses of radiant systems mentioned above and to enhance the 
performance of typical radiant systems.  
232 
 
The proposed HHSR system has almost the same configuration as a typical hydronic 
radiant system except that the HHSR system has an air tube embedded within the water tube of 
the typical radiant system. The air tube is connected to both the outdoor and the indoor side. The 
outdoor air that is necessary to meet the space ventilation requirement is introduced into the air 
portion of the tube and circulated through the inner tube where it exchanges heat with the water 
in the outer tube and then is delivered into the space. Therefore, the radiant panel of the HHSR 
system has a key feature of two main heat exchanges, between the water and the panel and 
between the water and the air. 
By analyzing the heat transfer characteristics of a radiant panel with an embedded 
concentric tube heat exchanger using air and water, several potential performance advantages of 
the proposed system can be anticipated.  
First, it controls the outdoor air needed to meet the space ventilation requirement without 
an additional system like a dedicated outdoor air system (DOAS). Since the outdoor air 
exchanges heat with the water tube in the HHSR system, the ventilation air will have an 
appropriate temperature condition that will allow it to be supplied directly into the space. 
Another possible advantage is the enhancement of heat transfer between the water tube 
and the slab. The diameter of the outer water tube will be larger since the tube also contains the 
volume of the air tube and the water portion of tube itself would maintain the same cross-
sectional area. For this reason, the outer surface area, which is in contact with the slab, is 
increased, and this results in improved heat transfer between the water tube and the radiant slab. 
In addition, the system configuration of the HHSR system provides an opportunity to 
harness the outdoor air as a passive cooling source during the nighttime during cooling season. 
When the outdoor air temperature during the nighttime is below the space air temperature desired 
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in daytime, the air is circulated through the air tube to cool the slab and the radiant system then 
absorbs heat from the space during the daytime.  
From the system characteristics described above, the HHSR system can provide a more 
acceptable indoor thermal environment and has the potential to save energy for heating and 
cooling. The later part of this study is focused on the evaluation of these hypothetical system 
characteristics of the proposed system. 
According to design considerations for radiant systems (ASHRAE, 2007), the water 
outlet temperatures in a radiant system range from 19 °C for cooling to 29 °C for heating. 
Considering the heat exchanger characteristics of the concentric tube heat exchanger, we will 
expect that the air outlet temperature is likewise between 19 °C for cooling and 29 °C for heating 
if the tube length is sufficient to exchange heat completely between the water and the air.  
To evaluate the indoor local thermal comfort and system performance, three different 
radiant systems including the proposed HHSR system were modeled using commercially 
available computational fluid dynamics (CFD) software based on the finite volume method. A 
Typical radiant system model has only a water loop to heat or cool the radiant panel. The 
ventilation air is directly supplied into the space without conditioning. A radiant system 
incorporated with a dedicated outside air system (DOAS) has two components: a typical radiant 
system and an outdoor air conditioner to temper ventilation air to the space set point temperature. 
The CFD models for both of these systems have not only an identical number and geometry of 
computational elements, but also the same internal/external load and fluids temperature 
conditions. 
From the steady state simulation result for heating conditions, the HHSR system provided 
a space mean air temperature that was closer to the set point temperature of the space than the 
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other conventional radiant systems. It also resulted in the highest predicted average surface 
temperature among the systems without exceeding the local thermal comfort standard 
(ANSI/ASHRAE, 2004). Other local thermal comfort factors such as vertical air temperature 
difference, percentage discomfort due to draft (PD) were acceptable for the HHSR system. Using 
a highly simplified heating energy calculation, the HHSR system needed 10% more heating 
energy than the DOAS+RAD system under steady state conditions while providing better levels 
of comfort that the DOAS+RAD system. 
In cooling operation, the proposed HHSR system and DOAS+RAD systems responded to 
the space thermal load in a similar fashion to each other. Although the HHSR system resulted in 
discomfort due to draft when the ventilation air is supplied through wall air outlet, the 
DOAS+RAD system also has the same issue due to the air outlet conditions. For the HHSR 
system, the radiant floor temperature was lower than the other cases and the average space air 
temperature is the closest to the design condition using the wall outlet.  
Although CFD is a useful tool to investigate the system performance of a specified 
condition in detail, it requires a significant amount of computing power and time to achieve 
output results. As a result, it would not be a practical tool to evaluate the system response of the 
proposed system for various building types and climate conditions under transient conditions. 
For this reason, a transient energy simulation tool to model the proposed system was 
developed to determine the indoor thermal environment and energy consumption pattern 
produced by the system for transient, long-term periods like an entire year. 
However, there is not an existing numerical model for the concentric tube heat exchanger 
under non-adiabatic outer shell conditions. Thus, the study established three different semi-
numerical models to analysis the heat transfer characteristics of the embedded concentric tube 
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heat exchanger in contact with a radiant system.  A log mean temperature difference (LMTD), 
Energy balance based on the First Law of Thermodynamics, and a modified effectiveness (ε)-
NTU model were tested for accuracy and feasibility and compared with the results of a 
commercial CFD program. At the given non-adiabatic outer shell conditions, the semi-numerical 
models, LMTD and ε-NTU, predicted identical water and air outlet temperatures. Considering 
the accuracy and efficiency necessary to implement one of these new non-adiabatic concentric 
tube heat exchanger models into a whole building energy simulation program, EnergyPlus, the 
modified ε-NTU model was selected for the heat transfer analysis of the proposed system.   
Numerical equations for the simulation model of the HHSR system were incorporated as 
a module in EnergyPlus.  The transient energy simulation module implemented into the whole 
building energy simulation program shares not only input and output data, but also indoor 
thermal condition and energy data at a certain time step with the overall simulation controller.  
During the calculation process, the model is designed to control the system operation in 
four possible modes: heating, cooling, ventilation only, and off mode. When the system is in the 
ventilation only mode, the water flow rate is set zero and the air acts as the primary heat transfer 
medium of the ventilated slab system. 
Much like the typical radiant system module in EnergyPlus, the new model has two 
important checks to prevent the system from operating in an inappropriate manner. If the surface 
temperature is lower than the space air dew-point temperature, the water flow mass is set to zero 
and thus the system is effectively shut down. The flow rate also zeroed when the system is 
heating mode (or cooling mode) but the radiant panel absorbs (or releases) heat. It is also 
designed to calculate the condensation rate in the internal air tube if the air outlet temperature is 
below the dew-point temperature of the outdoor air.  
236 
 
The energy consumption and indoor thermal conditions resulting from the existing 
typical radiant simulation model, the combined DOAS+RAD system, and the proposed HHSR 
system in EnergyPlus under steady state conditions were in good agreement with the previous 
CFD analysis results. 
The main objective of the transient energy simulation model is to allow the proposed 
system to be tested under various building types and climate conditions for long periods of time 
including a full year. As a final step of this dissertation, a series of case studies were carried out 
for two different building types (office and residential buildings) and sixteen different climate 
conditions. The case studies compared the indoor thermal conditions and energy consumption 
patterns for the three different radiant systems: HHSR, DOAS+RAD, and Typical system. 
For the office building, the HHSR system was shown to be a viable HVAC system for 
most climate conditions. The system can control the space mean air temperature (MAT) closer to 
the space set point condition than the conventional radiant systems (Typical and DOAS+RAD 
system) during both cooling and heating operation. The occupants‘ thermal comfort during 
occupied hours was not significantly different between the radiant system types. The proposed 
system was shown to save heating and cooling energy over the DOAS+RAD system in various 
climates. Even though the energy saving potential depended on the climate condition, it was 
shown that the proposed HHSR system can save approximately 30% on cooling energy in a hot 
and warm climate and almost 20% on heating energy in cold and very cold climates compared to 
the DOAS+RAD system. Moreover, the HHSR system was able to avoid the excessive number 
of times that the other radiant systems had to shut down to avoid surface condensation. 
For the residential units in the apartment buildings, the system performance is somewhat 
different than the office case. The HHSR system was able to provide indoor thermal conditions 
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that were closer to the MAT than the other systems, but the occupants‘ thermal sensation was 
predicted to be similar to the other radiant systems. However, the energy consumption patterns 
depended on the climate. In some climate locations such as San Francisco and Los Angeles, the 
HHSR system reduced the cooling demand by over 30% when compared with the DOAS+RAD 
system, but it needed 16% more heat energy in Helena. In summary, the potential for the HHSR 
system to reduce the required cooling energy was very consistent. It was shown to reduce the 
cooling energy consumption in most climates by over 10%. 
The case studies not only evaluated the system performance under more realistic 
conditions, but also found potential limitations in the operation of HHSR system. As describe 
briefly above, the system configuration improved the indoor thermal environment and energy 
efficiency for heating and cooling over the other radiant system alternatives. The configuration 
also enabled the system to serve as the thermal mass for a passive cooling strategy using 
nighttime ventilation outdoor air during summer. Under this operational strategy, we can expect 
additional cooling savings (5%, 7/19-7/25 in Chicago) for the summer period. 
Therefore, it is concluded in this study that the proposed radiant system can be a practical 
HVAC system for the small office building and residential unit in most climate conditions by 
overcoming the drawbacks of the conventional radiant systems and improving indoor thermal 
environment and energy saving potential. 
In addition, this research also presents some considerations in more realistic operation in 
building. First of all, the air outlet temperature depends on the flow rate and temperature of the 
water. It occasionally causes very low temperature ventilation air during heating season if the 
water flow rate as determined by a variable flow rate control and the control temperature of the 
radiant system is close to the lower boundary of throttling range. When the low temperature air is 
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delivered into the space, it has a different impact on the heating and cooling energy demand. For 
the office building, it provides another viable convective cooling source to offset the internal 
heat gain and direct solar radiation while it will be an additional heat load for heating operation. 
Therefore, a precise control scheme for the water loop of the HHSR system is necessary to 
control the ventilation air temperature to an acceptable condition. 
The internal condensation is a negative aspect of the system operation in cooling. In 
humid climates such as Miami, Phoenix, Atlanta, Chicago, Minneapolis and Duluth, the moisture 
of the outdoor air is condensed on not the radiant surface but rather the internal surface of the air 
tube. It should be carefully drained out to avoid unhygienic ventilation air and heat transfer 
inefficiencies.  
It can be concluded that this study proposed a new type of radiant system, and anticipated 
the system characteristics by the heat exchanger theory and typical radiant system design guide 
lines, and then evaluated the system performance on the different building types and climates 
through annual indoor thermal environment and energy simulation study.  
However, there are several challenges remains to implement the system into an actual 
building as a primary HVAC system. First of all, it is necessary to investigate the construction 
method to make the proposed system as real ‗System‘. Because the system has two different 
fluid tubes, tube connector and splitter have to be developed to combine the air tube into the 
water tube and separate the one tube from the other. It also needs technology on the concentric 
tube that enables it to share the center of both tubes exactly. 
The limitation of the actual data is another challenge, although simulation results in this 
study have illustrated the system characteristics and performance. The system performance 
should be verified with experiments on the real building model under non-statistical climate 
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condition.  It also should be considered that the impacts of the ventilation air temperature and 
velocity on the occupants‘ thermal sensation in the actual system operating condition. By the 
actual test procedure, not only the system performance can be verified, but also the semi-
numerical model, a modified effectiveness-NTU model, for the proposed system can also be 
evaluated.  
Furthermore, the case studies should be expanded to the size of building, other occupancy 
schedule, incorporation model with other existing HVAC systems, and different climate 
conditions out of the U.S. Each factor might have significantly impacts on the system 
performance.  
All topics as describe above might be needed to ensure the system validity and reliability 
as a HVAC system for buildings by further research. 
In summary, this study developed and evaluated a new conceptual idea that builds on the 
typical radiant system. Based on the literature review, it was pointed out that radiant systems 
have negative aspects during cooling operation and the lack of outdoor air control for meeting 
the ventilation requirement, even though it has many advantages over a convective forced-air 
system. Many system models that combine radiant systems with a convective air system have 
been developed but there is not a clear model to use the water loop in the radiant system as not 
only a primary heat source to heat or cool the slab but also as an additional heat source to 
conditioning the outdoor air. Therefore, this study attempted to develop a new type of radiant 
system that can improve the indoor thermal environment and save energy for heating and 
cooling. It was also a main objective to evaluate the system performance to determine the 
potential for the implementation of this new radiant system in buildings. For this purpose, the 
configuration was designed as a radiant system that has an embedded concentric tube heat 
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exchanger using both water and air tube. The name of the system, hybrid heat source radiant 
(HHSR), is based on its flexibility to utilize water and/or air as a heat source for the radiant 
system depends on the indoor and outdoor air conditions and the system operation. Based on this 
system configuration design, a detailed numerical analysis for a realistic building model was 
carried out to evaluate the hypothetical system characteristics through computational fluid 
dynamics (CFD). It also developed a semi-numerical heat transfer model of the radiant system to 
make a transient energy and indoor thermal analysis model for a whole building energy 
simulation program, EnergyPlus. Finally, 96 case studies were conducted to evaluate the system 
performance on an annual basis for two different building types, sixteen different climate 
conditions, and three different radiant systems including the proposed system.  
One of the important scientific contributions of this work is that it presents a new radiant 
system combining a typical radiant system and a ventilated slab system, which have similar 
objectives but different system operation. It also develops a new analysis method for heat 
transfer in a concentric tube heat exchanger that is embedded in the high thermal mass building 
component and has a non-adiabatic outer shell boundary. From the case study, it was shown that 
the proposed model can be an alternative building heating and cooling system in most climates. 
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